Results in Engineering 32 (2026) 113465

Contents lists available at ScienceDirect

Results in

Engineer

Results in Engineering

journal homepage: www.sciencedirect.com/journal/results-in-engineering

Research paper

An accurate low-order model of a fin-and-tube heat exchanger for the
dynamic simulation of heat pumps

Roberto Sedoni 2 %, Paolo E. Santangelo © %" Diego Angeli © ®P

2 Dipartimento di Scienze e Metodi dell’Ingegneria, Universita degli studi di Modena e Reggio Emilia, Via Amendola 2, 42122, Reggio Emilia, Italy
b Centro Interdipartimentale En&Tech, Universita degli studi di Modena e Reggio Emilia, Piazzale Europa 1, 42124, Reggio Emilia, Italy

ARTICLE INFO ABSTRACT

Keywords:

Fin&tube heat exchanger
Segment-by-segment model
Low-order model

Dynamic model

Heat and mass transfer

Dynamic modeling of heat exchangers is essential for the analysis, control, and optimization of vapor compres-
sion systems such as heat pumps and air conditioners. These technologies are increasingly relevant in the context
of energy transition, where regulatory frameworks and climate goals demand improved energy efficiency and
reduced greenhouse gas emissions. Accurate yet computationally efficient models are crucial for system-level
simulation, control design, and digital twin development. Traditional low-order approaches, such as lumped-
parameter and moving boundary models, offer fast computation but often lack the fidelity needed to capture
dynamic two-phase phenomena, especially under transient or off-design conditions. Finite volume models offer
better accuracy but are often too computationally demanding for real-time applications. This work presents a
segment-by-segment heat exchanger model that balances accuracy and efficiency, allowing for detailed predic-
tion of dynamic behavior with limited computational cost. The model was developed using the Simscape language
within the Simulink® environment and validated in both condenser and evaporator modes. Numerical compar-
isons with EVAP-COND 5.0 showed a maximum deviation of 2.7% for sensible heat transfer in condenser mode,
and 6.8% and -2.4% for latent and sensible heat transfer in evaporator mode, respectively. Moreover, steady-state
experimental validation corroborated these results, with overall heat flow rate predictions consistently within
a +10% error band. Thanks to this dual numerical and experimental validation, the proposed model provides a

reliable tool for designing advanced, energy-efficient HVAC systems under stringent regulatory frameworks.

1. Introduction

Heat pumps and air conditioners constitute a major share of building
energy consumption in both residential and commercial applications.
As a result, improving their energy performance, operational flexibil-
ity, and reliability has been the subject of extensive research over the
past decades. More recently, digital twins have gained increasing atten-
tion as a tool for the monitoring, analysis, and optimization of advanced
HVAC systems. By combining physics-based or data-driven models with
real-time operational data, digital twins can support performance as-
sessment, fault detection and diagnosis, predictive maintenance, and
operational optimization [1]. At the same time, advanced control strate-
gies, particularly model predictive control (MPC), have attracted in-
creasing interest for heat pump applications. By embedding dynamic
system models directly into the control formulation, MPC can systemat-
ically optimize energy efficiency, operational flexibility, and occupant
comfort [2-4]. In both cases, the quality of the results depends on the
availability of dynamic models capable of accurately reproducing the
transient behaviour of the system.
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Within vapor-compression systems, heat exchangers play a central
role in this regard. Indeed, they account for a substantial portion of
the system thermal inertia and are responsible for much of its transient
behavior. Accurate prediction of their dynamic response is therefore es-
sential for reliable system-level simulation, control, and optimization.
However, developing dynamic models that can achieve a suitable de-
gree of accuracy at a low computational cost is inherently difficult due
to the complex phase-change processes occurring within these compo-
nents. During transient operation, the boundaries between the liquid,
two-phase, and vapor regions shift continuously, and the thermophys-
ical properties of the refrigerant undergo drastic, nonlinear variations.
While detailed high-fidelity computational fluid dynamics (CFD) mod-
els can capture these spatial and temporal phenomena with higher ac-
curacy, they typically demand prohibitive computational resources for
real-time simulations. Consequently, the development of heat exchanger
models that achieve an effective balance between physical fidelity and
computational efficiency remains an active and important research area.

Several low-order modeling approaches were developed in past
years, ranging from lumped-parameter [5] models to moving boundary
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\begin {equation}\frac {dM_{2P}}{dt} = \dot {m}_{A,2P} + \dot {m}_{B,2P} \label {Xeqn1-1}\end {equation}


$M_{2P} = \rho _{I,2P} V_{2P}$


$\rho _{I,2P}$


\begin {equation}\frac {dM_{2P}}{dt} = \frac {d\rho _{I,2P}}{dt} V_{2P} = \left [ \left ( \frac {\partial \rho _{I,2P}}{\partial p_{I,2P}} \right )_{u_{I,2P}} \dot {p}_{I,2P} + \left ( \frac {\partial \rho _{I,2P}}{\partial u_{I,2P}} \right )_{p_{I,2P}} \dot {u}_{I,2P} \right ] V_{2P} \label {mass balance ref}\end {equation}


\begin {equation}\frac {d(M_{2P} u_{I,2P})}{dt} = \Phi _{A,2P} + \Phi _{B,2P} + \dot {Q}_{j,2P} \label {2P:energy_balance}\end {equation}


\begin {equation}M_{2P} \frac {du_{I,2P}}{dt} + u_{I,2P} \left ( \dot {m}_{A,2P} + \dot {m}_{B,2P} \right ) = \Phi _{A,2P} + \Phi _{B,2P} + \dot {Q}_{j,2P} \label {Xeqn4-4}\end {equation}


\begin {equation}\dot {Q}_{j,2P} = \alpha _{2P} S_{2P} \left ( T_{wall,2P} - T_{I,2P} \right ) \label {Xeqn5-5}\end {equation}
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$\mathrm {Re} \ge 4000$


\begin {equation}\alpha = \frac {k_{I}}{D_h}\, \frac {\tfrac {f}{8}(\mathrm {Re}_I-1000)\,\Pr _I} {1+12.7\sqrt {\tfrac {f}{8}}\left (\Pr ^{2/3}_I-1\right )} \label {single-phase corr}\end {equation}


\begin {equation}\alpha = \frac {k_{SL}}{D_h}\
\begin {cases} 0.05{\left [\big (1-x_I+x_I\sqrt {\nu _{SV}/\nu _{SL}}\big )\,\mathrm {Re}_{SL}\right ]}^{0.8}\Pr _{SL}^{0.33} & \text {Cavallini--Zecchin} \\[6pt] 1.8\,\dfrac {0.023\,[\mathrm {Re}_{SL}(1-x_I)]^{0.8}\Pr _{SL}^{0.4}} {{\big [(1/x_I-1)^{0.8}(\nu _{SL}/\nu _{SV})^{0.5}\big ]}^{0.8}} & \text {Shah} \end {cases} \label {Xeqn7-7}\end {equation}
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\begin {equation}p_{i,2P} - p_{I,2P} = \frac {\dot {m}_{i,2P}}{A_{2P}} \left | \frac {\dot {m}_{i,2P}}{A_{2P}} \left ( v_{I,2P} - v_{i,2P} \right ) \right | + \Delta p_{visc,i,2P} \label {eq:mech_energy_balance}\end {equation}
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\begin {equation}f_{i,2P} = \left \{ -1.8 \log _{10} \left [ \left ( \frac {6.9}{\Reynolds _{i,2P}} \right ) + \left (\frac {\epsilon _r}{3.7}\right )^{1.11} \right ] \right \}^{-2} \label {eq:haaland}\end {equation}
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\begin {equation}\Delta p_{visc,i,2P} = \phi _{SL}^{2}\Delta p_{SL} \label {eq:lockhart}\end {equation}


$\phi _{SL}^{2}$


\begin {equation}\phi _{SL}^{2} = 1 + \frac {K}{X} + \frac {1}{X^{2}} \label {Xeqn13-13}\end {equation}
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\begin {align}\text {Total mass:} \quad \dot m_{A,MA} + \dot m_{B,MA} - (\dot m_{cond}^V + \dot m_{cond}^W) = 0 \\ \text {Water mass:} \quad \dot m_{w,A,MA} + \dot m_{w,B,MA} - (\dot m_{cond}^V + \dot m_{cond}^W) = 0\end {align}
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\begin {equation}\dot m_{cond}^W = |\dot m_{\rm dry,MA}| (W_{in,MA} - W_{wall,MA}) \left \{1 - \exp \left [- \frac {\alpha _{m,MA} (A_{tube,MA} + \eta _{fin,MA} A_{fin})}{|\dot m_{MA}|} \right ] \right \} \label {mw_cond}\end {equation}


$\dot m_{\rm dry,MA}$


$W_{in,MA}$


$W_{wall,MA}$


\begin {equation}W_{wall,MA} = \min (W_{in,MA},W_{sat,MA}^W) \label {eq:W_wall}\end {equation}
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\begin {equation}\Phi _{cond}^W = \dot m_{cond}^W \, h_{wl,cond} \label {Xeqn20-22}\end {equation}
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\begin {equation}\Phi _{A,MA} + \Phi _{B,MA} + \dot {Q}_{j,MA} - (\Phi _{cond}^V + \Phi _{cond}^W) = 0 \label {eq:energy balance MA}\end {equation}
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\begin {equation}\tilde f_{MA} = 0.0267 \, \mathrm {Re}_{D_{c,MA}}^{F1} \left ( \frac {P_t}{P_l} \right )^{F2} \left ( \frac {F_p}{D_c} \right )^{F3} \label {Xeqn23-25}\end {equation}
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\begin {equation}\mathrm {Nu}_{MA} = j_{MA} \, \mathrm {Re}_{D_h, MA} \, \mathrm {Pr}^{1/3}_{MA} \label {Xeqn24-26}\end {equation}
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\begin {equation}\alpha _{MA} = \frac {\mathrm {Nu}_{MA} \, k_{MA}}{D_h} \label {Xeqn27-29}\end {equation}
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\begin {equation}\dot Q_j^{std} = \dot Q_{j,MA} = \dot Q_{j,2P} = \dot Q_{j,s} + \dot Q_{j,l} \label {Xeqn33-35}\end {equation}
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Nomenclature

Latin letters

cross-section area [m?]

heat capacity rate [WK~']
hydraulic diameter [m]

length [m]

mass [kg]

surface area [m?]

temperature [K]

volume [m?]

humidity ratio [ -]

saturation humidity ratio [ -]
wall specific heat [Jkg~' K~']
specific heat at constant pressure [Jkg~! K~!]
Darcy friction factor [ -]
Fanning friction factor [ -]
specific enthalpy [Jkg™!]
thermal conductivity [Wm™' K~!]
mass flow rate [kgs™']

Nusselt number [ -]

TU Number of Transfer Units [ -]

p pressure [Pa]

Pr Prandtl number [ -]

0 heat flow rate [W]

Re Reynolds number [ -]

t time [s]

u specific internal energy [Jkg™']
x vapor quality [ -]

x specific saturation humidity [ - ]

;Q>

%E%ﬂﬂhgh

()
S
8

o
=

Zgi?t‘}\z\

Greek letters
a heat transfer coefficient [Wm=2K~!]
Ah latent heat of evaporation [Jkg~!']

U

€ effectiveness [ -]

€, relative roughness [ -]
n efficiency [ -]

v specific volume [m? kg~!']
) phase multiplier [-]
[ total energy [W]

p) density [kgm™3]

T time constant [s]
Subscripts

2P two-phase fluid

A, B control volume ports
I internal node

MA moist air

M mixture

S single-phase

SL saturated liquid

SV saturated vapor

|4 volume

avg average

c condensation

cond condensed water
dry dry air

eff effective

in inlet

out outlet

N sensible

w water

wall wall

Superscripts

|4 volume

std steady-state

w wall

[6,7] and finite volume formulations [8,9]. Lumped-parameter mod-
els offer high computational efficiency with minimal state variables,
making them suitable for real-time simulations, especially when em-
bedded in model-based control strategies or hardware-in-the-loop envi-
ronments. Nonetheless, their strong assumptions, such as uniform tem-
perature and pressure distributions within control volumes, can signif-
icantly limit their predictive capability in two-phase flow conditions,
where rapid changes in temperature, pressure, and refrigerant phase
strongly influence the performance of the heat exchanger. These limita-
tions become particularly critical when such models are used to evaluate
transient behaviors, capacity modulation, or startup/shutdown cycles,
where phase-change dynamics are dominant.

For this reason, more detailed yet still computationally efficient low-
order models, such as moving boundary or discretized finite volume
models, are often preferred in applications where higher fidelity is re-
quired. Moving boundary models offer a compromise between lumped
and fully distributed models, by subdividing the domain into three zones
and tracking the interfaces between these regions (e.g., subcooled, two-
phase, superheated), for a more realistic description of phase-change
dynamics. However, their structure is tightly linked to predefined flow
regimes, making them less robust under off-design or transient condi-
tions [10,11]. In addition, since each region is modeled as a single con-
trol volume, the local wall temperature is typically approximated in a
coarse way, which limits the accuracy in evaluating wall condensation
phenomena. This limitation becomes even more critical under winter
conditions, when the heat exchanger model is possibly coupled with a
frosting model, as an accurate prediction of local surface temperatures is
essential for reliably estimating frost formation and its impact on heat

exchanger performance [12,13]. Moreover, pressure drop predictions
can also be inaccurate, as they are highly sensitive to the local thermo-
dynamic state of the refrigerant, especially during phase transitions.

In contrast, finite volume models—also known as segment-by-
segment models—discretize the entire domain into a fixed grid of seg-
ments, enabling the accurate reconstruction of the refrigerant thermo-
dynamic state along the flow path. This spatial resolution allows for
a precise evaluation of local heat transfer coefficients, pressure drops,
and wall temperature distributions, which vary significantly across dif-
ferent phase regimes and are critical for predicting the heat exchanger
performance. However, achieving sufficient accuracy often requires a
high number of control volumes, resulting in increased computational
cost [14]. This modeling approach constitutes the backbone of estab-
lished commercial software such as CoilDesigner® [15] and EVAP-
COND [16], which are extensively employed for detailed geometric
design and steady-state performance rating of fin-and-tube heat ex-
changers. Yet, since these tools are inherently formulated for steady-
state conditions, they are ill-suited for capturing transient behaviors.
This fundamental limitation, compounded by their closed-source archi-
tecture and prohibitive computational cost, effectively precludes the di-
rect integration of such models into dynamic system-level simulations
or real-time control environments.

While segment-by-segment formulations are highly effective for
conventional heat exchanger configurations, high-fidelity multi-
dimensional CFD simulations often remain the only viable approach for
unconventional geometries or extreme operating conditions. However,
due to high computational cost, these simulations are typically restricted
to isolated single modules or representative periodic sections rather than
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full-scale components, resolving fluid flow and heat transfer phenom-
ena at a strictly local scale. In recent years, this capability has been ex-
ploited across a wide range of applications, such as the thermal design
of heat exchangers subjected to hypersonic aerodynamic heating [17],
the geometric optimization of polymer-based tube bundles [18], and
the analysis of dynamic boundary conditions in air-source heat-pump
drying systems, where CFD revealed the competing influence of wind
speed and humidity on system COP [19]. CFD has also been extensively
employed to characterize enhanced non standard heat-transfer surfaces.
For example, Mehrjardi et al. [20] used detailed three-dimensional sim-
ulations to quantify the heat-transfer and pressure-drop characteristics
of dimpled tubes and subsequently derived compact P-NTU correlations,
enabling rapid performance predictions without the need for repeated
CFD analyses. This approach reflects a broader trend toward deriving
reduced-order models from high-fidelity simulations, retaining much of
their predictive capability while substantially reducing computational
cost. The motivation is clear: despite their high predictive fidelity, CFD
simulations often require several hours or even days for a single op-
erating condition, making them impractical for transient system-level
simulations, optimization studies, and real-time control applications.

To overcome this computational bottleneck while preserving pre-
dictive accuracy, a growing body of recent research has focused on
data-driven and physics-informed surrogate models trained on high-
fidelity datasets. Architectures such as physics-informed neural net-
works (PINNs) [21,22], hybrid convolutional-physics models [23], and
deep learning frameworks specifically targeting heat exchangers in va-
por compression cycles [24,25] have demonstrated computation times
several orders of magnitude shorter than CFD while retaining high pre-
dictive accuracy. Despite these promising results, purely data-driven
surrogates typically demand extensive and diverse training datasets,
offer limited limited physical interpretability, and often show reduced
predictive capability when applied beyond the range of operating con-
ditions included in the training data. These limitations can compromise
their reliability for model-based control, system optimization, and other
applications requiring robust extrapolation to off-design conditions.

In light of the aforementioned limitations, the present study pro-
poses a dynamic, segment-by-segment heat exchanger model designed
to reconcile high-fidelity spatial discretization with the computational
demands of real-time, system-level simulations. The framework is devel-
oped natively in the Simscape language within the Simulink® environ-
ment, adopting a flexible, white-box architecture that ensures complete
transparency of the applied governing equations and empirical corre-
lations. This formulation explicitly accounts for transient phenomena,
including thermal inertia, refrigerant mass accumulation, and phase-
change transitions, thereby enabling an accurate dynamic characteriza-
tion of the component under time-varying operating conditions. To over-
come the limitations of existing tools, the source code is provided in a
public repository [26]. This open-source approach ensures reproducibil-
ity and allows researchers to easily adapt the model to their specific
needs. Furthermore, the native Simscape architecture facilitates direct
integration with standard libraries, enabling detailed heat exchanger
models to be coupled directly with control algorithms without the need
for complex co-simulation interfaces. While preserving high physical fi-
delity, the model is numerically optimized to reduce computational cost,
making it highly effective for real-time applications, including system-
level digital twins, model-based control design, and hardware-in-the-
loop testing.

2. Model
2.1. Refrigerant finite volume

To develop a physically accurate yet computationally efficient model
of a moist-air (MA) to two-phase flow (2P) heat exchanger, the refrig-

erant side is discretized into a sequence of finite control volumes (seg-
ments) along the main flow direction. Each segment is treated as a fixed
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Fig. 1. Finite volume for the refrigerant stream.

volume (control volume) of fluid in which the mass, momentum, and
energy balance equations are solved. To simplify the model and reduce
the computational cost, a one-dimensional flow assumption is adopted
along the axial direction; multidimensional and cross-flow effects are
instead accounted for at the segment level through local effectiveness
formulations and empirical friction factor and heat transfer correlations.
In addition, the model explicitly accounts for the dynamic compressibil-
ity and thermal inertia of the refrigerant as well as the thermal inertia
of the heat exchanger wall.

Fig. 1 illustrates the refrigerant finite volume, showing the positive
direction of relevant variables: mass flow rates r, total energy @ (sum
of enthalpy and kinetic energy), and the total heat flow rate that enters
the segment Q; ,p. This generalized sign convention allows the model
to inherently handle flow reversal without requiring substantial modi-
fications to the governing equations.

An internal node, labeled as ‘T, is defined within the segment, and
the state variables describing the fluid’s state (p and u) within the control
volume are associated with this node.

Mass balance

In heat pump systems involving phase-changing refrigerants, local
variations in pressure and enthalpy can also cause significant density
changes, especially during phase transitions. For this reason, the dy-
namic compressibility of the refrigerant is taken into account, allowing
the mass conservation equation to reflect transient mass accumulation
within the segment. Consequently, the inlet and outlet mass flow rates
may differ during dynamic conditions. The mass conservation equation
for the refrigerant, under the one-dimensional flow assumption, in a
segment, reads as:

dM,p
dt

=ty op +iitgop @

where M,p = p;,pV,p is the refrigerant mass in the control volume.
Then, applying the chain rule to express the time derivative of the fluid
volume density (p;,p) as a function of pressure and specific internal
energy, an expression for the rate of mass accumulation within the seg-
ment is obtained:

dMyp  dppop Vi <3P1,2P > rom+ <3Pr,zp >
——=—Wp= 12p
dr dr p12r )\, Oty 2p

”1,2P] Vap
Pr2p

(2)

The partial derivatives of density with respect to pressure and
specific internal energy in Eq. (2) are treated as state properties of
the two-phase fluid domain and, as such, are calculated a priori and
conveniently stored in a lookup table.

Energy balance The energy conservation equation for the refrigerant
control volume is:

d(Mypup,p)

T =@ 5p+Ppop+0;0p 3
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Applying the product rule to the left-hand side of Eq. (3), the final energy
balance equation of the segment becomes:

dur,p

2p +upop(fasp +ritgop) = Paop+Ppop +0)op 4

Heat transfer from the wall to the fluid is expressed by Newton’s law of
cooling:

Qj,ZP = 0‘2P52P(Twa11,2p - TI,2P) )

where S,p and a,p are the segment surface area and the heat transfer
coefficient at the refrigerant side.

Heat transfer coefficient

The refrigerant-side heat transfer coefficient is evaluated according
to the local flow regime. In single-phase flow (subcooled liquid or
superheated vapor), under turbulent conditions (Re > 4000), the
Gnielinski [27] correlation is used:

k, %(Re;—1000) Pr,

D 12.74/E (P 1)

In two-phase flow, under turbulent conditions, the Cavallini-Zecchin (if
the refrigerant is condensing) [28] or Shah (if the refrigerant is evapo-
rating) [29] correlations are used:

(6)

0.8
0.05[(1 —x;+x;/vsy /vsL) ReSL] Pr%  Cavallini-Zecchin
L
a=—= 0.023 [Re, (1 — x,)]%8 Pro4 (@]
Dy 18 s SL Shah
[(I/Xl - I)U'S(VSL/VSV)U'S] ’

|Tigyg D)
where Reg; = 221
AgpsL

Under laminar flow conditions (Re < 2000), the Nusselt number is
approximated as a constant 3.66, which is the characteristic value for
fully developed flow in circular tubes under a constant wall temper-
ature boundary condition [30]. Within the transition region (2000 <
Re < 4000), this constant value is blended via Eq. (8) with the turbu-
lent Nusselt numbers evaluated using the correlations of Gnielinski [27],
Cavallini-Zecchin [28], and Shah [29].

Although two-phase heat transfer correlations are generally appli-
cable to single-phase conditions, they often yield significant errors, as
shown by Santa [31]. For this reason, Eq. (6) is used when the fluid
is entirely liquid or vapor. However, direct switching between single-
and two-phase correlations produces discontinuities in the heat transfer
coefficient (Fig. 2). To ensure smooth transitions at x; - 0 and x; — 1,

Transition 1 Transition 2

Liquid Mixed

Vapor

Heat transfer coefficient [Wlm2 K]

I I 1 L I 1 1

0 0.1 0.3 0.5 0.7 09 1

X

Fig. 2. Blending of the heat transfer coefficient across flow regimes.
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a cubic Hermite spline is applied over narrow vapor quality intervals
x; € {[0,0.11,[0.9, 11}:
6= (8

X2—X]

a=(1-36%+20% a(x)) + (30 — 26%) a(x,),

Here x, and x, denote the endpoints of each transition interval; a(x,)
and a(x,) are evaluated from the appropriate correlation (single- or two-
phase). Outside the transition region, the base correlation is used.

While conventional treatments typically rely on complex flow-
regime tracking to handle phase changes, the proposed strategy by-
passes these computationally expensive methods. Instead, it introduces
a straightforward blending approach restricted strictly to predefined
boundary zones. This targeted smoothing effectively eliminates arti-
ficial mathematical discontinuities and provides a continuous, accu-
rate representation of the transitional segments (i.e., segments where
phase change occurs). By drastically reducing algorithmic complexity,
this implementation achieves robust numerical stability and exceptional
computational efficiency, thereby supporting rapid transient execution
times, as shown in the subsequent sections, without sacrificing overall
accuracy.

2.1.1. Mechanical energy balance

Since the inlet and outlet mass flow rates may differ during dynamic
conditions due to mass accumulation, the segment itself is subdivided
into two parts, and the pressure losses are calculated separately for each
section, assuming the flow rates in the two sections are r1, ,p and rirg 5 p,
respectively. For the half adjacent to the port side (A or B), the mechan-
ical energy balance equation is:

m; m;

Piap —Pr2p = Alj: Alf: (v12p = Vi2p)| + DPuise.izp €)]

The first term on the right-hand side represents momentum flux losses
from mass entering at port i and the second term represents the viscous
friction losses (Ap,;,.) within the first or second half of the segment.
As with the heat transfer coefficient, viscous friction losses may vary
significantly depending on the fluid state [32]. Also in this case, the
discretization approach allows for a more precise estimation of the total
pressure drop.

In the context of phase-change flows, two distinct modeling ap-
proaches are commonly found in the literature: the homogeneous flow
model and the separated flow model. The homogeneous flow model as-
sumes that the liquid and vapor phases are perfectly mixed and move
at the same velocity, effectively treating the two-phase mixture as a
single pseudo-fluid with average properties. In contrast, the separated
flow model treats the liquid and vapor phases as distinct, each with its
own velocity and flow characteristics, requiring more complex model-
ing techniques. In case of the homogeneous model, viscous friction losses
can be readily evaluated using the classical Darcy-Weisbach equation as
follows:

i o pli;opl fiop Ler Vs op
4Dy 5pArp

Apvisc,i,ZP = (10)
Here, L is the effective length of the segment (sum of the geometric
length plus an aggregate equivalent length that accounts for the local
resistance of the segment), and D) ,p is the hydraulic diameter. The
Darcy friction factors f;,p can be calculated, for example, using the
Haaland correlation [33]:

L]y 2
6.9 4 ( i ) an
Re;sp 3.7
where ¢, is the relative roughness of the pipe and Re; ,p = W
7 2PHi2P

Reynolds number of the equivalent single-phase flow at the respective
port.

In contrast, under the separated flow model, viscous pressure losses
are often evaluated using the Lockhart-Martinelli correlation [34]:

Apyiseiop = ¢§ LApst (12)

fiop = {—1~810g10

is the
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where q.’;é ; is the two-phase frictional multiplier for the liquid phase,
defined as:

) K 1
b1

=1+ +—

X X2 a3

where X2 = :‘Zﬁ is the ratio between single-phase liquid (Apg;) and
vapor (Apgy ) pressure drops, better known as the Lockhart-Martinelli
parameter. K is the Chisholm parameter, a factor used to account for the
interfacial pressure drop between the liquid and gas phases, determined
based on the flow regimes of the liquid and gas phases:

5 for Re?, < 1500 and Re%,, < 1500

for Re,, > 1500 and Re,, < 1500
for Re’;L < 1500 and Re’gV > 1500
for Rey, > 1500 and Re%,, > 1500

(14)

20

The pressure drops Ap, of each individual phase are calculated, again,
using the Darcy-Weisbach equation:

1t g | g | fi Legp Ur i

Ap, =
P 4D, Azp

1s)

Here, 1, is the mass flow rate of the kth phase (i.e., liquid or vapor)

entering the ith port. For instance, in the case of the vapor phase, it

is expressed as: 1, g, = n;x; where x; is the inlet vapor quality at port
r

. 69 Ly 2 )
i. Furthermore, f;; = —1.8log)o |{ & ) + (”) is the fric-
ik o

tion factor of the kth phase with the phase Reynolds number defined as
Re* = |1 | Dpy
ik Agpup
cosity of the kth phase at saturation, respectively, evaluated at the fluid

volume pressure p; ,p. Similar to the approach used for the heat transfer
coefficient in the previous section, the separated flow model, specifically
the Lockhart-Martinelli correlation, remains applicable across the full
vapor quality range. However, as observed in [32], a simpler homoge-
neous flow model may yield more accurate results at the vapor quality
extremes. This is because the assumption of a well-mixed flow becomes
increasingly valid as the flow approaches these limits. To improve accu-
racy, the separated flow model is therefore blended with the homoge-
neous model in the transition regions (vapor quality between 0-0.1 and
0.9-1), following Eq. (8), as was done for the heat transfer coefficient. If
the fluid volume is in a subcooled liquid or superheated vapor state (i.e.,
x; = 0 or x; = 1), viscous pressure losses are instead evaluated using the
homogeneous model, Eq. (10), which corresponds to the conventional
approach for modeling viscous friction losses in single-phase flows.

,and vy, . are the specific volume and dynamic vis-

2.1.2. Moist-air side

On the moist-air side, a control volume analogous to the one on the
refrigerant side is defined. The same positive directions for mass and
energy flow rates shown in Fig. 1 are adopted. The fluid state within
this volume is represented by an internal node ‘', defined by pressure
(p), temperature (T), and specific humidity (x,,).

-3000

-3500
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Total heat flow rate [W]

-4500

-5000

Relative humidity [%]
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Mass balance
The mass conservation equations for each segment on the moist-air side
are given by:

Total mass: rity prq +ritgprs — (il + 10 )=0 16)
Water mass: 1, 4 pra + My pra — (i1, + i ) =0 a7

In these equations, the mass flow rates of condensed water in the bulk-
flow (ml’{m ) and at the wall surface (ml";n ) are considered positive when
leaving the control volume. Given that the Mach number in heat pump
applications remains below 0.3, air and water vapor compressibility ef-
fects are neglected in this case.

To avoid unphysical conditions during the cooling of the moist-air
volume in the simulation, such as relative humidity exceeding 100%,
the excess water vapor is assumed to condense in the bulk-flow and is
then removed in liquid form from the control volume:

0
x

X1 S Xyps,1»

(18)

= Xws,I

w, I
PrVMA  Xw1 > XusI>

Meong =

Teond

where 7,,,, is the characteristic time constant of the condensation pro-
cess, and x,, ; is the saturation humidity ratio at the control volume
temperature 7 », 4. The energy term associated with this condensed wa-
ter is:

_ Vv
(I)cond =M eond hwl,cond

19

Here, h,‘; cond 1S the specific enthalpy of the condensed water in the bulk-
flow, evaluated at the control volume temperature T} 4.

To evaluate the influence of the condensation time constant (7 ,,4)
on the model transient predictions, a sensitivity analysis was conducted.
The simulated case study employs the converged evaporator model (de-
tailed in Section 3.1), subjected to an inlet air temperature step change.
Specifically, the air-side boundary conditions transition from an initial
state of 25°C and 80% relative humidity to a final state of 30°C and
80% relative humidity, maintaining a constant volumetric flow rate of
7.5 L/min. Concurrently, the refrigerant side is maintained at a constant
saturation temperature of 5°C, with an inlet vapor quality of 0.2 and a
mass flow rate of 40 kg/h. These operating conditions were specifically
chosen to induce bulk-flow saturation and actively trigger condensation.
Fig. 3 illustrates the impact of varying z,,,4 from 107> s to 107! s on the
total heat flow rate and outlet relative humidity.

The results indicate that under such highly condensing conditions,
the choice of 7,4 influences the physical accuracy of the model during
rapid transient cooling phases. As shown in Fig. 3b, excessively large val-
ues (e.g., 107! s or 1072 s) fail to promptly remove the condensed water
vapor. This temporal delay leads to unphysical thermodynamic states
where the outlet relative humidity significantly exceeds the 100% satu-
ration limit. Furthermore, this artificial lag in the condensation process
alters the instantaneous latent heat release, causbing noticeable devia-
tions in the predicted total heat flow rate, as observed in Fig. 3a. Table 1
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(a) Total heat flow rate

Fig. 3. Impact of the
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.
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+ parameter on the total heat flow rate and the outlet relative humidity under transient conditions.
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Table 1
Maximum differences for Q, and outlet RH com-

pared to the reference 7,4 = 107.

Teond Max Difference Q, Max Difference RH

1074 0.7 0.12
1073 2.6 0.42
1072 20.0 2.39
107! 103.4 12.82

quantifies these discrepancies by comparing the maximum deviations
against a reference value obtained for 7.y, = 107 s. The results demon-
strate that for 7,4 > 1072 s, the deviations become substantial, reaching
up to 103.4 W for the total heat flow rate and 12.82% for the outlet rela-
tive humidity, for the case analyzed. Conversely, for 7,,,q < 1073 s, the
model rapidly restores thermodynamic equilibrium, effectively main-
taining the relative humidity near the saturation limit without intro-
ducing significant errors in the overall heat transfer rates.
Furthermore, it is worth noting that under steady-state conditions,
the discrepancies in the total heat flow rate converge to zero across
all tested configurations. However, a small residual error in the outlet
relative humidity persists at steady state when using larger time con-
stants. Specifically, the highest 7,4 value tested (107! s) yields a slight
supersaturation error of +0.55%, an inaccuracy that tends to zero for
a<1073s.
Therefore, to ensure physical consistency during transient simula-
tions while avoiding the numerical stiffness typically associated with
infinitesimally small time constants, a value of 7.4 < 1073 s is recom-
mended. In the specific model presented, 7.,  is taken equal to 107* s.
Wall surface condensation
Condensation of water vapor from moist air on heat exchanger surfaces

occurs when the wall surface temperature drops below the dew point.

The rate of water vapor condensing on the wall surface for each seg-
ment is evaluated under the assumption of uniform wall temperature,
following [13]:

a (A +n As)
W . mMAAwpe ma T NpinmaAgin
Meona = 1y Mal(Winpra = Wwa//,MA){ 1 —exp [— b ] ] }
MA

Tcon

(20)

where ritg,y va s the dry-air mass flow rate. W, 5,4 is the inlet humidity
ratio at the moist-air side, and W, »s 4 is the humidity ratio at the wall,
defined as:

; w
Watma = min(Wi, ara, Woi 00 1
Here, W" s the saturation humidity ratio evaluated at the wall tem-

sat,M A
perature on the air side of the segment. The min function in Eq. (21)

provides the switch between “dry” and “wet” heat transfer:

e when the surface temperature is above the dew point, WSZ A >
Wi, m 45 therefore, condensation is not occurring (mg‘;n =0
e when the surface temperature is below the dew point, W% <

sat,M A

. L . W
Wi.m 45 therefore, condensation is occurring (mm . F 0).

This condensate is assumed to be removed from the segment control
volume. The energy term associated with the removal of this condensate
is calculated as:

o =" h

cond — "cond

(22)

wl,cond

where h,,,,, is the specific enthalpy of the removed liquid water
evaluated at the average local wall temperature (7, ps 4)-

Energy balance
The energy conservation equation for the moist-air control volume is:

Qupat+PopatOima— @ +0% )=0 (23)

cond

where Q; 5,4 is the segment heat flow rate transferred to the moist-air
control volume. In Eq. (23), the thermal capacity of the moist air is
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neglected, resulting in a quasi-steady-state formulation. This assump-
tion is justified by by the low density of the air stream and its brief
residence time within the heat exchanger (typical face velocities are
1.5 to 3 m s~! in HVAC applications), which make its thermal inertia
negligible compared to the thermal capacity of the solid structure.

Mechanical energy balance
The air side pressure loss across each segment (Ap; 4) is calculated
using the Kays and London equation [35]:

Ay b Pi
MA_O in,MA +(1 +(72)< in,MA _ 1>] (24)
Ac pang,MA paut,MA

2
GMA 4

Arima 2pinma
where G, 4 is the moist-air mass flux per segment (G4 = #it;, pr4/ A0,
Pinm 4 1S the segment inlet air density, p,, » 4 is the segment outlet air
density, p,,, 4 is their arithmetic mean, o is the segment ratio of the
minimum free flow area (4,) to the segment heat exchange frontal-area
and A, is the total segment surface area on the air side. The segment
moist-air Fanning friction factor (f; wm4) is obtained from the correla-
tions of Wang for plain [36] or louvered fins [37]. For brevity, only the
correlation for plain finned tubes is reported here:

; . P\ /F, F3
fMA :00267R6DC,MA <Fl> <D—c> (25)
where P, is the transverse tube pitch, P, is the longitudinal tube pitch,
D, is the tube outer diameter incremented by the fin thickness, F, is the
fin spacing, Re Do s 18 the Reynolds number based on D, and F1,F2 and
F3 are correlation parameters defined in the reference article [36].

In order to maintain consistency with the employed empirical
correlations, the Fanning friction factor is determined by considering
the entire heat exchanger geometry and is then evaluated for each
segment based on local flow conditions. Consequently, this method
allows the one-dimensional formulation to intrinsically account for the
complex multi-dimensional flow effects within each individual segment.

Heat and mass transfer coefficients
For each segment the Nusselt number on the moist-air side is calculated
using the standard Colburn equation:

) 1/3
Nuypg =jmaRep, ma PrA;A (26)

with the Reynolds number (Rep, 4 4) based on the hydraulic diameter
(D,,) of the minimum flow area of the segment. The Colburn j-factor
(p4) is obtained from the correlations of Wang for plain fins [36]:

for N, =1

pA\PL/F \~1084 / p \-0786 , p \ P2
. _ -029 [ It _Pr _r _r
otz () () () ()

c
for N, > 1

FAPS/ F \P6,f \—-09
s = 0.086ReE> NP4 L . 2 28
JmA CDopia Ve D, D, P, (28)
where N, is the number of tube rows, and P1, ..., P6 are correlation
parameters defined in the reference article [36]. Similar correlations
are also implemented to determine the j-factor for the case of louvered
fins [37].
The segment heat transfer coefficient on the air side can now be
easily determined from the definition of the Nusselt number:
Nuys4 k
Uypq = —MACMA (29)
D,
Assuming the validity of the heat and mass transfer analogy, an estima-
tion of the segment mass transfer coefficient is given by:

AMA
a = (30)
M Co.MAPMA Le?/3
where Le=0.9 [38].

Similarly to the Fanning friction factor, to maintain consistency with
the employed empirical correlations, j, 4 is determined by considering
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the entire heat exchanger geometry and is then evaluated for each seg-
ment based on local flow conditions, thereby intrinsically capturing the
macroscopic 2D and 3D effects.

2.1.3. Overall segment heat transfer

At steady-state, the sensible heat flow rate (Q i) from the MA to
the 2P side is computed for each segment using the effectiveness-NTU
method:

0.5 = &Coin(Tinara = Tinap) (31)

where C;, = (thc,)y, is the segment minimum heat capacity rate,
T;,.m 4 is the moist-air inlet temperature and T}, ,p is the segment two-
phase fluid inlet temperature. The effectiveness (¢) is calculated accord-
ing to the flow arrangement. In the case of a fin-and-tube heat exchang-
ers, the flow arrangement is typically cross-flow with both fluids un-
mixed:

exp (C, NTU78 — | .
if single-phase

6= C022 exp (-NTU) (32)
1 — exp (-NTU) if two-phase

with C, = g‘ﬁ where C,,. is the maximum heat capacity rate and

NTU = —L . The same blending approach based on the vapor qual-

tot “~min

ity of the fluid volume (x,), previously introduced for heat transfer and
momentum balance on the refrigerant side, is also applied here to en-
sure a smooth transition between single-phase and two-phase effective-
ness. This treatment enhances the numerical robustness of the model
and improves simulation accuracy in transitional segments (i.e., seg-
ments where 0 < x; <0.10r 09 <x; <.

The total thermal resistance between the two flows (R,,,) is:

Rmr = Rconu,ZP + Rwall + Rconu,MA (33)

1

Thermal resistances are defined as: R,  ,p = —,
onv2P T b Aperp

(OD
In| —

Rwal 1=

ID 1

cono,MA = for internal convective re-

27k e Leube ” OpAAube, MAH finA finm a)
sistance (R,,,,,p), wall resistance (R,,,;,) and external convective resis-

tance (R, pr4), Tespectively.
The fin efficiency (7/;,) is computed in this work using the approxi-
mated formula by Schmidt [39] for annular circular fins:

tanh[m(RE - %)]

n fin = oD (34)
m(Re - T)
where R, is the equivalent fin external radius that can be determined
using a 1D-SERF model [40], m = OSZ’% with k fin the fin thermal
S Kfin O fin

conductivity and é,, the fin thickness.
Finally, the total heat flow rate transferred from moist air to the
refrigerant, at steady-state, is:

01" =0 ma=0j2p=0;,+ 0y (35)
where 0, = m" Ah,,, is the latent heat flow rate due to condensa-
» cond vap

tion that occurs on the moist-air side, and Ah,,, is the latent heat of
vaporization of water evaluated at the wall temperature (7T,,, pr4) Of
the segment. Note that in this modelling framework, sensible and latent
heat are strictly interdependent, and their calculation requires iteration.

To simulate the dynamic behavior of the heat exchanger resulting
from energy accumulation in the solid wall, a two-node thermal model
is used. The wall is conceptually divided into two thermal masses, each
representing the portion of wall material adjacent to moist-air (MA) and
refrigerant (2P) control volumes. Although the physical thermal mass
distribution in finned-tube heat exchangers is inherently asymmetric
due to the external fins, an equal mass partitioning is adopted here as a
lumped-parameter simplification. To rigorously preserve the total ther-
mal capacitance of the component, the equivalent specific heat capacity
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Fig. 4. Reconstruction of the single-row heat exchanger.

(¢,q) is computed as the mass-weighted average specific heat capacity
of the tube and fin materials. Because this model is developed for system-
level simulations, this formulation efficiently captures the macroscopic
dynamic response and overall energy balances without introducing the
computational overhead associated with asymmetric nodes.

The energy balances for the wall nodes read as follows:

Mwallzwall dTwalI,2P . - std

2 @ Qer9 (36)
M yaiiCwatt WLwalrma . i

2 - Qimat 0 37
where M, is the total wall mass, c,,; is the average specific heat

capacity of the wall material, and T, ,p and T, »s 4 are the temper-
atures of the wall portions adjacent to two-phase and moist-air finite
volumes, respectively.

The terms Q;,p and Q; 4 represent the convective heat exchange
between the wall surface and the two-phase and moist-air stream in each
finite volume:

Q;2p = %p Awperr (Tiwairzr — Trop) (38)
O ma = UalAuperin + M5inA rinst ) (Twaira = Tra) 39

The sign of Q‘j‘.’d is taken as positive when heat flows from the wall node
adjacent to “MA” to the wall node adjacent to “2P”.

2.1.4. Overall heat transfer

The individual heat exchanger segments can now be assembled to
reconstruct the complete device under analysis. The core model devel-
oped in this work is a single-row heat exchanger unit, which functions
as the primary building block for full multi-row devices. The following
sections outline this assembly process, beginning with the single-row
configuration and progressing to multi-row architectures.

As shown in Fig. 4, the geometry of the single-row heat exchanger
is simply built by connecting the refrigerant control volumes of the seg-
ments in series, while the corresponding moist-air control volumes are
arranged in parallel.

As a result, the total heat flow rate exchanged (Q,,,,p) and the over-
all pressure drop (Ap,,,p) on the refrigerant side for this configuration
are given by the sum of the individual heat flow rates Q ;»p and pressure
drops Ap; ,p of the various segments.

On the other hand, for the moist-air side, the total heat flow rate
exchanged (Q,,; 5 4) is likewise given by the sum of the individual heat
flow rates (Q ;. m4)> while the overall pressure drop is approximated as:

Nseg.row
)y =1 Apj,MA

Rseg row

Apiorma = (40)

where ng,, ,,, is the number of segments per row. Eq. (40) is an ap-
proximation, as variations in air density caused by different heat flow
rates across the segments would, according to Eq. (24), lead to different
pressure drops on the air side of each segment. Since these segments are
arranged in parallel on the air side, this would cause a redistribution
of the airflow across the heat exchanger face to equalize the pressure
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drops [12,41]. However, because density variations on the air side are
relatively small, the resulting redistribution effect is limited and is ne-
glected in this work. To complete the heat exchanger reconstruction, the
previously built single-row units can be connected in series on both the
air and refrigerant sides to form the multi-row, multi-pass configuration.
Alternatively, for a multi-row single-pass configuration, the single-row
units can be connected in parallel on the refrigerant side and in series
on the air side.

In the context of this work, to simplify the model, adiabatic mixing
is applied at the end of each row to compute an aggregate air outlet
state of the single-row unit, which then serves as the inlet condition for
the subsequent row. This approach allows different discretization levels
to be adopted across the rows, enabling finer discretization only where
needed while still capturing the temperature and humidity gradients
along the moist-air side of the heat exchanger.

Modelling considerations for multi-circuit heat exchangers
Fin-and-tube heat exchangers are often designed with multiple circuits
to improve thermal performance and reduce pressure drop. However,
splitting the refrigerant flow into parallel paths can lead to maldistri-
bution of the refrigerant, affecting the overall effectiveness. This issue
is often caused by non-uniform airflow distribution across the heat
exchanger, which leads to uneven thermal loads among the circuits.
To mitigate this, flow distributors, optimized header geometries, and
balancing devices such as orifices or capillary tubes are commonly
used by manufacturers. To keep the computational cost of the model
low, uniform airflow at the heat exchanger frontal face and symmetry
among the refrigerant paths in multi-circuit heat exchangers can be
assumed. This allows for a highly simplified modeling approach for this
type of geometry: it is sufficient to evaluate heat transfer performance
and pressure drops using the air and refrigerant mass flow rates divided
by the number of parallel circuits (multi-circuit approximation). In the
global energy balances of the heat exchanger model, the calculated
exchanged heat for the single heat exchanger must then be multiplied
by the number of parallel circuits. On the other hand, for pressure
drops, the values calculated for a single parallel circuit are used
directly in the global balances, since the composite circuit behaves
as hydraulic resistances in parallel on both the air and refrigerant
sides. If a balancing device is used, it is sufficient to adjust L., on the
refrigerant side, to account for the associated local resistance.

3. Results and discussion
3.1. Numerical comparison

A first validation of the fin-and-tube heat exchanger was performed
via simulation. A heat exchanger with 3 tube rows and 15 tubes per
row, composed of two parallel refrigerant circuits, was simulated. R32
was selected as the working fluid. The results of the developed model
were compared against those obtained using EVAP-COND 5.0, a widely
used steady-state simulation tool for air-to-refrigerant heat exchang-
ers. EVAP-COND, developed by NIST, is based on a detailed segment-
by-segment modeling of the heat exchanger geometry, accounting for
refrigerant flow distribution, phase-change phenomena, and heat and
mass transfer processes on both the air and refrigerant sides. To sup-
port the validity of the multi-circuit approximation, a uniform air ve-
locity distribution was assumed across the frontal surface of the heat
exchanger. Two different operating conditions for the heat exchanger
were tested:

e Condenser operating condition: on the refrigerant side, an inlet
mass flow rate of 40kg h! , an inlet saturation temperature of 45 °C,
and a superheating of 30 °C. On the air side, a volumetric flow rate
of 450m3h™! (based on a standard air density of 1.204kg m™, as
defined in the EVAP-COND documentation [16]), with inlet air con-
ditions of 22 °C and 50 % relative humidity.
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¢ Evaporator operating condition: on the refrigerant side, an inlet
mass flow rate of 40kg h7!, an inlet saturation temperature of 7 °C,
and a vapor quality of 0.2. On the air side, a volumetric flow rate
of 450m>h™!, with inlet air conditions of 26 °C and 50 % relative hu-
midity.

Since the developed model employs a segment-by-segment ap-
proach, the comparison was performed by varying the number of seg-
ments. The coarsest discretization corresponded to the minimum resolu-
tion required to capture the temperature gradient on the moist-air (MA)
side, using only one segment per row. The number of segments was then
increased by one per row in sequence, starting from the air-inlet row.
Conversely, within the EVAP-COND software, the discretization method
was set to the finest resolution, corresponding to 10 segments per tube.
To quantitatively evaluate the accuracy of the proposed model and as-
sess the convergence of the spatial discretization scheme, the predicted
heat transfer rates (Q,,,4;) Were compared against the benchmark re-
sults provided by the reference software (Qpyap.conp)- The predictive
performance of the model is evaluated and illustrated in the subsequent
figures using the percentage deviation, which is defined as:

Percentage deviation = w - 100 41)
OrvAp-cOND

As shown in Fig. 5a and b, the accuracy of the proposed model im-
proved as the number of segments increased, gradually converging to-
ward the EVAP-COND reference solution. The numerical solution was
considered converged when the absolute difference in the computed
heat transfer rate between consecutive grid refinements was less than 10
W for three consecutive steps. This 10 W threshold was selected because
it represents a negligible fraction of the total heat exchanged. Based on
this criterion, a 9-segment discretization was found to be sufficient to
achieve a satisfactory convergence for the condenser, while the evapo-
rator required a finer discretization of 14 segments. For reference, the
total heat transfer rates obtained from EVAP-COND were 2796 W (con-
sisting of 821 W latent and 1974 W sensible heat) for the evaporator
and 3150 W for the condenser.

At convergence, the total heat transfer rate predicted for the con-
denser deviated by approximately 2.7% from the EVAP-COND reference
data, corresponding to an absolute difference of 85 W. In contrast, under
the evaporator operating condition, the proposed model underestimated
the sensible heat transfer by approximately 2.4% (an absolute difference
of 47 W compared to the reference) and overestimated the latent heat
transfer by 6.8% (an absolute difference of 56 W). Despite these indi-
vidual discrepancies, the compensating effect between the sensible and
latent heat contributions limited the error on the total evaporator ca-
pacity to 0.36%, which translates to a minimal absolute difference of
just 9 W from the EVAP-COND results.

For the evaporator case the larger discrepancy in latent heat was
likely attributable to differences in the air-side condensation model and
the use of different correlations for the heat transfer coefficients on the
refrigerant sides. Specifically, EVAP-COND employs correlation [37] of
Wang et al. for the air-side heat transfer coefficient, while for the re-
frigerant side, it utilizes the McAdams correlation [42] for single-phase
flow in smooth tubes, and the Jung and Didion [43] correlation for
boiling flow. To validate this hypothesis, a sensitivity analysis was con-
ducted to assess the impact of the refrigerant-side heat transfer coeffi-
cient (HTC). As detailed in Table 2, applying an enhancement multiplier
to the refrigerant-side HTC demonstrates that the predicted heat transfer
rates are highly sensitive to this parameter. Notably, a minor increase
in the HTC multiplier from 1.0 to 1.2 drastically reduces the latent heat
deviation from 6.8% to 1.1% and improves the sensible heat underpre-
diction from —2.9% to —0.7%. This trend confirms that the initial devia-
tions are primarily driven by the different empirical correlations used to
compute the 2P heat transfer coefficients, underscoring its critical role
in accurately modeling the moisture condensation process.

It is worth noting that, for the evaporator case (Fig. 5b), when more
than five segments were used (specifically, two segments in each of the
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Fig. 5. Heat flow rate percentage deviation in condenser (a) and evaporator (b) operating condition.

Table 2
Effect of refrigerant-side heat transfer coefficient (HTC) enhancement on sensi-
ble, latent, and total heat transfer deviations.

Refrigerant side
HTC enhancement

Percentage deviation Percentage deviation Percentage deviation
Sensible heat [%] Latent heat [%] Total heat [%]

1 -2.9 6.8 0.4
11 1.8 3.9 0.3
1.2 -0.7 11 0.2
1.3 -0.2 1.2 -0.1
1.4 0.9 -3.2 0.1
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Fig. 6. Evaporator percentage deviation with respect to the refinement of the
second row discretization.

first two rows and one in the third), the accuracy improved only if the
discretization of the second row was further refined. In contrast, the re-
sults remained almost insensitive to the number of segments in the first
and third rows. To better illustrate this, Fig. 6 shows the same conver-
gence analysis, but with additional discretization applied exclusively to
the second row, while the first and third rows were kept coarser (three
segments and one segment, respectively).

This behavior is dictated by the local thermodynamics of the heat ex-
changer. In the specific case considered, the transition from a two-phase
state to superheated vapor occurs within the second row, triggering a
sharp spatial variation in the refrigerant-side heat transfer coefficient.
In addition, because the inlet temperature difference between the two-
phase refrigerant and the moist air remains substantial at this stage,
significant sensible heat transfer persists. The coupling of these effects
generates a steep wall temperature gradient along the second row, mak-
ing both the air-side moisture condensation rate and the corresponding
latent heat transfer highly sensitive to spatial discretization. Physically,
a similar requirement for refinement arises in the first row when the
refrigerant mass flow rate is low relative to the moist-air flow rate. Con-
versely, while such conditions could theoretically occur in the third row

if the refrigerant mass flow rate were disproportionately high, the re-
duced inlet temperature difference at that stage typically limits the wall
temperature gradient. Consequently, further refinement in the third row
is often computationally unjustified.

These findings suggest that a non-uniform discretization strategy is
more efficient for the evaporator under analysis. By selectively refining
only the first and second rows, a 9-segment discretization (configured
as 3, 5, and 1 segments for the respective rows) was found to be suffi-
cient to achieve a satisfactory convergence error. This optimized scheme
reduced the computational cost by approximately 36% compared to a
uniform 14-segment discretization without compromising the accuracy
too much. Although the specific 36% reduction is tied to this particu-
lar operating condition and the localized phase transition, the under-
lying strategy of non-uniform discretization is highly generalizable. Se-
lectively refining the grid only in regions with sharp thermodynamic
gradients provides a consistent method to optimize computational effi-
ciency across different operating scenarios.

In terms of computational performance, EVAP-COND 5.0 required
5.8 s to reach the steady-state solution for both the condenser and evap-
orator cases. Notably, attempting to reduce the computational overhead
by selecting the coarsest spatial discretization permitted by the refer-
ence software (one segment per tube) yielded a negligible execution
time reduction of only 0.2 s for the specific configurations analyzed.
Conversely, the proposed converged models—configured with 9 seg-
ments for the condenser and 9 segments for the evaporator (using the
optimized discretization scheme)—simulated 2000 s (enough to reach
a steady-state solution) in approximately 1.20 s for the condenser case
and 1.77 s for the evaporator case, resulting in a run-to-simulation time
ratio of about 0.6 and 0.885 ms per simulated second, respectively. Sim-
ulations were performed using an Intel® Core Ultra 7-265K processor.

While the two software environments utilize different solver and im-
plementations, this comparison provides a practical reference against an
established industry standard. Because dynamic models inherently re-
quire significantly higher computational effort to solve time-dependent
balances, reaching a steady-state solution faster than a dedicated steady-
state tool underscores the exceptional efficiency of the proposed frame-
work and its suitability for real-time, system-level simulations.

3.2. Experimental comparison

To complement the numerical comparison against the EVAP-COND
software, the proposed heat exchanger model was further assessed using
experimental data. It is worth noting that this model was originally de-
veloped and integrated into a system-level simulation of an Exhaust Air
Heat Pump (EAHP) in our previous study [44]. While that framework
was successfully validated at the macroscopic level, demonstrating devi-
ations within £10% for the overall capacity, the present analysis specif-
ically isolates the evaporator and condenser components. To accurately
evaluate their individual thermal contributions, the exact experimental
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Fig. 7. Comparison between simulated and measured total heat flow rates for the evaporator (a) and condenser (b).

Table 3
MAE, MAPE, RMSE and RMSPE for total heat flow
rates.
Evaporator [W] Condenser [W]
MAE (MAPE) 76 (6%) 87 (5%)
RMSE (RMSPE) 94 (7%) 109 (6%)

boundary conditions recorded on both the air side and the refrigerant
side during the steady-state summer campaign were extracted and di-
rectly imposed on the standalone component models. Specifically, 21
distinct test conditions were compared to rigorously evaluate the per-
formance of the components under varying operational scenarios. The
full details of this experimental setup and data acquisition are exten-
sively discussed in [44]. To ensure transparency and reproducibility,
the corresponding datasets have been made available in a public repos-
itory [26].

Fig. 7 illustrates the comparison between the simulated and mea-
sured total heat transfer rates for both components under these specific
conditions. As shown, the numerical predictions align closely with the
experimental measurements, with the majority of the data points falling
safely within the +10% error band. This visual agreement is quantita-
tively supported by the statistical metrics summarized in Table 3. The
low magnitude of the Mean Absolute Error (MAE), Mean Absolute Per-
centage Error (MAPE), Root Mean Square Error (RMSE) and Root Mean
Square Percentage Error (RMSPE) for both heat exchangers, along with
their comparable magnitudes, indicates a consistent predictive capabil-
ity without significant local outliers. Such a level of accuracy is particu-
larly remarkable when considering the inherent uncertainties associated
with the empirical heat transfer correlations utilized in the model, cou-
pled with the inevitable propagation of experimental measurement er-
rors. For instance, comparable predictive accuracies were reported when
validating the well-established EVAP-COND simulation tool against ex-
perimental data, with deviations of approximately 7% [45] and 8% [46].
In the same study, Avango et al. [45] also evaluated EVSIM [47], another
finite-volume simulation software, observing maximum errors of up to
12%. Consequently, these results robustly confirm the physical consis-
tency and empirical reliability of the proposed model.

4. Conclusion

This study introduced a dynamic, segment-by-segment fin-and-tube
heat exchanger model designed to reconcile high-fidelity spatial dis-
cretization with the computational efficiency required for real-time,
system-level simulations. Based on numerical and experimental assess-
ments, the main conclusions of this work are summarized as follows:

e The white-box open-source architecture, developed natively in the
Simscape language, provides a highly customizable alternative to
conventional closed-source software. This framework allows the di-

10

rect coupling of detailed heat exchanger models with advanced con-
trol algorithms, eliminating the need for complex co-simulation in-
terfaces.

¢ A non-uniform spatial discretization scheme proved to be an effective
strategy to reduce computational cost. Grid convergence analysis in-
dicated that refining the segments exclusively in regions with steep
thermodynamic gradients, such as those experiencing phase transi-
tions, decreased the computational effort by approximately 36% for
the evaporator case without noticeable loss in accuracy.

e The model demonstrated real-time simulation capabilities due to op-
timized numerical treatments. It completed a 2000-second transient
simulation in under 2 s, achieving run-to-simulation time ratios be-
low 1 millisecond. This execution speed confirms its suitability for
hardware-in-the-loop testing and system-level digital twins.

¢ Despite its low computational cost, the low-order formulation main-
tained high predictive accuracy. The model showed strong agree-
ment with the EVAP-COND 5.0 reference software, predicting the
total capacity with a maximum deviation of 2.7% for the condenser
and 0.36% for the evaporator. Furthermore, deviations from experi-
mental data consistently remained within a £10% error band, show-
ing low mean absolute and root mean square percentage errors.

Future work will focus on the experimental validation of the model
under transient conditions and the integration of a frost formation model
to extend its applicability to winter operation under frosting conditions.
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