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Abstract

Nowadays, pollutant emissions represent the main topic in internal combustion engine
development. Global warming has increased due to the high emissions of greenhouse gases,
in particular CO2 emissions. Internal combustion engines must increase global efficiency and,
at the same time, decrease pollutant emissions in order to be compliant to future legislation

constraints.

The high efficiency, reliability and flexibility of modern passenger car Diesel engines makes
these power units quite attractive also for steady and quasi-steady application (e.g. aero
motive, truck, heavy duty, generators) totally or partially running on fuel blends or different
combustion process. The engine cost, which is obviously higher than that of current industrial
engines, may not be a big obstacle, provided that the re-engineering work in order to

implement dual fuel operation is limited and that performance and efficiency are enhanced.

The goal of this work is to explore the potential of a current state of the art turbocharged Diesel
engine running on both Diesel Fuel and dual fuel combustion with the use of a premixed
charge of methane or gasoline. This particular combustion process called RCCI (Reactive
Controlled Compression Ignition) may improve engine global efficiency and reduce pollutant
emissions. In particular, CO2 emissions decrease because of the different origin and nature of
the fuel. In this contest, an analysis is made also in a two-stroke engine for aircraft application.
This kind of engine can be quite attractive for the fewer constraints in combustion chamber
design, rather than a four stroke; furthermore, low combustion pressures lead to fit better

RCCI concepts.

The present thesis is focused on experimental and numerical CFD combustion calculation on
a modern Diesel Engine; a test bed equipped with an indicating system is used for
experimental campaign while a custom version of the Kiva 3V software is used for CFD
simulations. Two-stroke engine has been then studied by several CFD calculation campaigns

in order to investigate two-stroke potential in RCCI applications.



These different combustion processes may have several advantages in terms of global
efficiency and pollutant emissions, but these results can be achieved only with an accurate

combustion process calibration and several CFD combustion calculation.
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Introduction

The tightening of regulations on exhaust pollutants and carbon dioxide emissions is pushing
the automotive industry to further steps in the development of internal combustion engines.
Even if modern after-treatment systems are very effective, it is fundamental to reduce engine-
out emissions, in order to mitigate complexity and cost of these devices. As far as carbon
dioxide emission is concerned, the mission can be accomplished in different ways: by
improving engine brake thermal efficiency; by using fuels with low carbon content (or without
carbon, such as hydrogen) or by employing the so-called “carbon-neutral fuels”, i.e. biofuels
and e-fuels. The last ones have a net-CO2 emission close to zero, since the amount of gas
emitted during combustion is about the same absorbed from the environment during their

production.

On the other hand, diesel engines and two-strokes are in danger of being replaced by highly
sophisticated gasoline engines or electric motors. Unfortunately, this trend will have a quite
negative impact on the cost of the new vehicles. Furthermore, the benefits in terms of CO2 of
fully electric vehicles can be appreciated only when the production of electric energy will be
almost entirely based on renewable sources. Since this ideal situation seems quite far, in the
next years the internal combustion engine will probably continue to play an important role,
provided that its development is not abruptly stopped.

Conventional diesel engines may reach higher values of global efficiency in comparison to
their gasoline counterparts; the gap can expanded by implementing a dual fuel, reactivity
controlled compression ignition (RCCI) combustion, that provides the further advantage of
ultra-low soot and NOx emissions. Existing diesel engines can be easily modified to operate
in this mode. The difficult part is the calibration of the modified engine, that should be carried
out at the test bench with the support of CFD simulation.

RCCI combustion can be applied also to the two-stroke cycle, enjoying some typical
advantages of this type of engines: high-power density thanks to the double cycle frequency,

light and robust construction, low manufacturing cost. Moreover, two-strokes without poppet
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valves leave a wide freedom in the design of the combustion chamber geometry, a
fundamental advantage when developing a novel combustion system. The main issue that
must be addressed is the short-circuit of fresh charge during the scavenging process: for many
applications, this problem can be fixed with the adoption of optimized fuel injection systems,

and with a specific cylinder design.

Even if the two stroke engine has disappeared from passenger cars, in some fields it remains
unchallenged: large steady and marine engines, micro-engines for car and boat models, small
units for ultra-light aircraft, snow mobiles, portable tools for forestry and agriculture
(chainsaw, sprayer,..), et cetera. Considering the success of these applications, it is interesting

to analyze the concept on engines of average size.

The general goal of this research project is to explore the potential of alternative fuels and

innovative combustion concepts in internal combustion engines.

A first part of the activity is focused on the study of Dual-fuel RCCI combustion, which can
be obtained combining a low reactivity fuel (such as gasoline, natural gas, ethanol, etc.) and
a high reactivity fuel (such as Diesel oil, biodiesel, kerosene, ..). The former is injected at low
pressure into the intake manifold, so that it can generate a homogeneous and lean mixture
within the cylinder before the start of combustion; the latter is injected directly into the
combustion chamber, in order to ignite the lean mixture that otherwise it would be impossible
to burn. This technology can be easily applied to existing 4-stroke Diesel engines, designing

a low-pressure injection system for the low-reactivity fuel.

In this project, a 4-stroke light-duty Diesel engine has been modified in order to permit the
injection of 2 different low reactivity fuels (gasoline and methane). The prototype has been
tested in Dual Fuel RCCI mode (Diesel/gasoline and Diesel/methane). In particular, the
influence of injection strategy has been investigated, along with the effect of different shares
of diesel fuel and methane/gasoline. It was found that this combustion process, if properly
optimized, can lead to higher brake thermal efficiencies and lower pollutant emissions, at least

in terms of soot and NOXx. The application of this innovative concept is expected to deliver
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strong advantages on commercial vehicles and industrial engines, without significant

drawbacks in terms of costs and performance.

Furthermore, the application of RCCI combustion to a two-stroke engine has been

theoretically investigated, with the support of CFD simulation and empirical hypotheses.

The presented work is divided into five chapters: after two introductory chapters, in chapter
three, the activity carried out on the light Diesel engine modified for dual fuel operation mode
IS reported, in particular for Natural gas operation. The activity is divided into two parts. The
first one regards the experimental campaign carried out at Unimore test bench. The aim was
to investigate the performances in terms of pollutant emissions and fuel consumption; first of
all, the engine has been tested running in Dual Fuel mode without any modification to the
injection strategy; then, an experimental optimization of injection strategy has been made. The
second part of the chapter is focused on the numerical analysis of the RCCI combustion, by
means of a CFD 3D model: after the calibration of the model, a numerical optimization
campaign has been carried out in order to find some guidelines for dual-fuel engine

development.

In chapter 4, the experimental campaign carried out on the RCCI engine modified in order to
run in Dual Fuel RCCI Diesel/gasoline mode is reported. This engine derives from a light
automotive diesel engine fueled with diesel oil and gasoline, the latter premixed with a PFI
injection system. The work reviews the engine conversion process and results of the

experimental test underlining some key points to better define the combustion process.

The last chapter (5) reviews the development from scratch of a novel two-stroke engine for
light aircraft application. The design process starts from a first sketch of the scavenging ports,
using previous experience acquired in this field. The second part of the activity is the building
of the CFD 1D and CFD 3D models, in order to improve the geometry of the scavenging
system and to define the main engine parameters, in order to meet performance targets and

constraints.
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1. Dual Fuel Engines

1.1 Fundamentals of gas fueled engines

Fuels that are gaseous in ambient conditions (1 Bar, 293 K) are considered gaseous fuels.
The main gas fuels adopted in Automotive industries are typically: Natural Gas (a mixture of
hydrocarbon gases with more than 90% of methane), LPG (Liquefied Petroleum Gas, a
mixture of hydrocarbon gases, mainly propane and butane), and, most recently, hydrogen. In
some cases the pressure storage in fuel tank can liquefy, (typically LPG).The usage of gaseous
fuels provide some advantages in comparison to liquid fuels; the aim is to ease injection and

to ease the mix with air in order to obtain a uniform blend.

Another interesting thing is demonstrated by the fuel cost, taking into consideration low
heating values that represent the amount of energy achievable in single units of fuel mass

burnt.

LPG is liquid into the tank, this fact leads to have (considering the same amount of energy
storage) a bigger tank in comparison to Diesel Oil and Gasoline, about 1.7 times. If we
consider Methane, the factor rises up to 4. This evidence shows a limitation in Vehicle
autonomy and a rise in vehicle total mass because gas fuel tanks generally have cylindrical

tank made of iron, in order to resist at pressure load.

Fuel Energy storage [MJ/kg]
Gasoline 42.4
Diesel oil 42.5
Methanol 19.7
Ethanol 26.8
Hydrogen (gas) 119.9
Methane 50.0
Lead acid Battery 0.19

Table 1 Lower heating value for common automotive fuels
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Table 1 shows typically heating value for common automotive fuels and also for batteries; as
it can be observed, batteries are two dimension order of magnitude lower than fuels in general.

Common gas fuels can be compared to liquids in terms of specific Heating value.

A limitation feature in the usage of gaseous fuels is the fact that they lead to decrease
volumetric efficiency of the engine. In fact, in naturally aspirated engines the fresh charge is
aspirated in the cylinder using the piston as a volumetric pump. If the mixture of air and fuel
gas is made from a PFI injection system the engine aspirates the air-fuel mixture. This mixture
in case of liquid fuel is mainly composed by air in terms of volume, because liquid fuel takes
time to evaporate. This is not true if the fuel injected is already gaseous because the fuel gas
takes up space into the mixture. Taking into consideration that the engine elaborates the same
total volume, cycle by cycle, the volumetric efficiency decreases. Another issue is represented
by the latent heat of evaporation of the fuel, in fact, the liquid fuel evaporation decreases the
temperature of air (about 20 K for gasoline at stoichiometric conditions). In case of gaseous
fuels this phenomenon is not present because there isn’t any change of state. Conversely,
gaseous fuels frequently have higher octane number, so that higher temperature in fresh charge
may less probably lead to knock conditions. Different behavior can be reached if the engine
is turbo charged, the less amount of air can be compensated by increasing boost pressure, this
can be reached thanks to the high octane number, and can reduce the specific power gap in
terms of displacement to power.

Any undesirable substances that may be introduced into an engine with the gas supply vary
widely with the type of fuel gas used, the processing it receives, and local operating
conditions. For example, “wet” natural gas, which normally contains small concentrations of
higher hydrocarbons, will contribute to an increased tendency for the incidence of knocking,
valve sticking, and increased deposits. However, “dry” processed natural gas, although it may
be considered to be clean, may carry with it some very fine particles, such as those of rust,
along the supply lines. In addition, producer and coke oven gases tend to contain some
undesirable particles, such as those of carbon black and particles of sulfur compounds, while

fuel gases originating from the steel industry can additionally contain some hydrogen sulfide.
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The composition of gaseous fuels generally tends to be much simpler in structure in
comparison to common liquid fuels, which are made of complex mixtures of a wide range of
large molecular weight hydrocarbons. Thus, the properties of a liquid fuel may vary according
to the source of the fuel and the processes they have gone through during its refining. The use
of liquid fuel could lead to a worse performance than gaseous fuels that require no atomization

or vaporization for their combustion *.

All these considerations explain that gaseous fuels are simple to use into internal combustion
engines, because of some key reasons: the easy system to inject fuel, the good mixing with
air, the easy cold condition starts (due to no need to evaporate), the availability of the fuel.
For electric generator applications, there is no need of fuel tanks because, in case of usage of

natural gas, civil methane network can be used.

Last but not least, due to the higher octane number, the compression ratio of the engine can
be increased, this fact is directly related to the engine global efficiency in case of Otto cycle.
By this evidence, it is quite common to see conversion of diesel engine into dual fuel engines
or methane engine, transform the thermodynamic cycle from diesel cycle to an otto cycle

(constant volume combustion) increasing the engine efficiency.
Further consideration to take into account are:

e Gas fuel engines in general have higher combustion efficiency; this fact is due to the

“perfect” mixing of the charge and the improved flame stability limits.

e The burning of gases is associated to cleaner product gases with hardly any solid

pollutant as soot particulates. This fact leads to lower tendency of corrosion.

e Design, operation and control of the fuel injection system is simpler and easier because
of the gaseous nature; there is no need of a fuel pump and the injectors for gaseous are
simply made by a valve relay.
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A huge limitation is associated with the tendency of fire explosion and toxic hazards, in
particular when leakage occurs. However, modern tank system has reached a high level of

safety comparable to liquid fuel tanks.
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1.2 Dual fuel operation modes

The classic dual fuel engine is basically built up by modifying conventional diesel engine
direct injected or with a pre-chamber injection system. The engine modifications basically
consist in the integration of the gas injection system. This system is composed of gas injector,
gas tank, and one or two pressure reductors depending on the tank pressure. As an example,
methane tank pressure is close to 250 Bar, so two reduction stages are required in order to
reduce pressure near 5 Bar for injection. The injectors are often in the same number as the
cylinders placed into the intake duct; this configuration is chosen mainly for two reasons; the
first one is the control of the air-to-fuel ratio, the second one is the fast response of the engine
in transient conditions.

Diesel Fuel

TR

/|

Figure 1 Typical dual fuel engine scheme
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Figure 1represents the typical dual fuel engine layout, with PFI gaseous injection system.
Dual-fuel engines often derive from diesel engine as mentioned above. The original direct
injection system is not modified in hardware components but several differences in injection
strategy are necessary. In particular, the diesel fuel is injected in a small quantity to ignite the
charge, this usage is called “liquid spark”. Alternatively, injectors can be substituted by
classical spark plug, even though maintaining the original diesel injection system may be

preferable for the following reasons:

e The liquid spark can ignite very lean mixture; this is very useful for pollutant emissions
regulation. Moreover, a “quality” control of the load can be adopted, avoiding the
installation of a throttle valve that reduces engine efficiency at low and medium loads.

e The liquid spark reduces the risk of knocking in comparison with traditional spark
plug. For this reason, usually, the conversion with spark plugs requires a reduction of
the compression ratio of the engine that can be obtained with an expensive substitution
of the engine pistons while the engine running on Dual Fuel usually don’t require the
same reduction of compression ratio.

e The engine in case of gaseous system failure can run with only diesel fuel, which
makes the engine more reliable.

e At high load, the amount of the injection can be reduced because the energy needed to
ignite the cargo is less than low loads.

e Methane supply for vehicles is not widespread all over the European country, so that

the adoption of a dual fuel engine is required or maybe suggested.

In other words, diesel injection system makes the dual fuel engine more flexible, but the
engine control is usually more complex. Spark plug are used in case of engine for energy
conversion, because this kind of engine works at fixed engine speed and load, and the fuel
supply is taken form the civil network (no need of tank). If the engine derives from a

conversion of an old diesel engine (like bus for city transport), it is convenient to leave the
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original injection system in order to have some advantages, in other cases the adoption of a

spark plug is recommended for simplicity.

Obviously, also the intake throttle valve control is mainly different from diesel engine
operation, if present. The intake throttle, generally speaking, must be less open in comparison
to the diesel operation mode. This fact leads to decrease efficiency at low loads because the
intake pressure drops increase; in this case, the trade-off is the ignition limit of lean charge.
The dual-fuel engine at low loads is hybrid concept between a premixed combustion engine
(otto-cycle engine) and diffusive combustion (diesel cycle), so if the load of the engine is low
and the engine has got no throttle body, the huge amount of air aspirated by the engine must
burn for a fraction. According to this evidence, the gas mixture needs to be very lean which
decreases the flame propagation and the ignition limit of the charge. In this particular

conditions throttle must be used in order to control the air mass flow in a mixture between

quantity of charge VS quality of charge.

Fuel Gas

Fuel Quantity

Diesel Fuel

Engine Load

Figure 2 Fuel quantity split strategy
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In Figure 2, fuel quantity distribution according to the engine load is represented. The key is
to keep diesel fuel consumption constant in order to shift energy balance to gas fuel. The diesel
fuel as described above is used as “liquid spark”, so the amount of energy needed to ignite the
charge at a fixed air to fuel ratio can be, in first approximation, constant. This approximation
can be overcome and the amount of energy in the liquid spark ignition can be quietly reduced.
This fact can be explained taking into account the physical conditions in the combustion
chamber at high engine load instead of low engine load. At high load gas temperature
increases, due to the supercharger compression. Furthermore, the turbulence in terms of
momentum of motion quantity increases; this evidence leads to less energy needed to ignite
the charge. Consequently, diesel fuel injection can be progressively decreased as engine load
increases (Figure 2) .This strategy allows to reach higher engine efficiency in terms of
emissions and global efficiency, but on the other hand the calibration of control strategy and

the software implementation effort increases.
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Figure 3 Alternative fuel split strategy

Dual-fuel strategy can also be used in two-stroke engines. In modern engine field there are
several applications of two-stroke engine, first of all boat engines; application of this kind of
engine also can be seen in snowmobile application, small engine powered tools, energy
conversion systems. In particular, two-stroke diesel engines are very efficient but they are
characterized by a huge amount of pollutant emissions. Therefore, the fuel supply conversion
to gas fuel can be helpful to reduce pollutant emissions and increase performance. In case of
loop-scavenged engines, there is an issue due to the charge exchange process; some of the
fresh charge pass through the cylinder and flows into the exhaust system, increasing the
hydrocarbon emissions. In uniflow-scavenged engines this problem is not present. In
conclusion also in two-stroke engines the conversion using natural gas as fuel instead of diesel
can be attractive but the described-above constraints have be taken into account when

approaching the design of the conversion system.
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1.3 Application of dual fuel engines

The applications of dual-fuel engines is widely spread in numerous applications. In particular
engine for power generation, driving compressor, water pumps, cogeneration. As described
above, the use of this technology can be found in automotive industry for passenger
transportation, for example for driving fleet vehicles, heavy duty trucks, buses, locomotive,
small medium and heavy boats; last but not least in agricultural applications. Often the
application starts from a flexible conversion system applied to a diesel engine. This system
can fit a “family” of engines after a calibration process. Common diesel engines tend to ensure
successfully long operation life. This makes their conversion to gas fueled operation quite
demanding, in particular when high performance is required. There is, for example, a
consistent need to develop operational approaches in conjunction with the gaseous fuel
combustion characteristics, for instance by a careful choice of pilot fuel size and its injection
timing so as to reduce oxides of nitrogen emissions. Moreover, the operation of these engines,
especially when employing some gaseous fuel mixtures, can be seriously limited by the onset
of knocks. Its avoidance, while retaining the high-compression ratios of the efficient diesel
engine, with some gaseous fuels, often remains a challenge and requires proper expertise. The
employment of dual-fuel engine for power production despite the above description, has not
seen as much wider applications in the past as it could be expected. A number of factors can
be suggested to explain their application mostly in stationary engines instead of transport

sector®:

e The combustion process is more complex than diesel, there is a mixture of issues
associated with direct injection diesel combustion and at the same time problems
related to premixed combustion.

e The exhaust emissions can decrease in comparison to diesel engine, but this result can
be obtained easily if the engine runs at constant loads and speed. If the engine runs in
transient conditions, it can affect pollutant emissions. However, many improvements
in terms of combustion process have been made, making it easier to deal with these
difficulties.
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To obtain all potential benefits with the adoption of dual fuel engine, the engine control
system has to be properly implemented and calibrated in order to fit all the operation
conditions. This evidence increases development costs a lot, which become bigger as
engine flexibility increases.

There has been a continuing need to retain the capacity of gas-fueled engines to revert
to the diesel operational mode promptly and smoothly when needed. This facility must
be retained without undermining the performance of the engine as a diesel. This
sometimes represents a challenge since diesel engines are required to satisfy

increasingly stricter and more challenging requirements of performance and controls.

Large displacement stationary engines, normally employed for power electric
generation, consume very large quantities of fuel. Taking into account this evidence,
fuel cost represents one of the higher costs in the entire engine life compared to
maintenance operations. This kind of engine is already turbocharged and the
performance is well optimized, but gas fuel can furtherly improve performance with

an effective cost reduction, with sustainable conversion costs.

One of the negative effects in the engine gas fuel conversion is related to the gas physic
nature; in the intake manifold, some of the air is displaced by gas fuel in terms not
negligible. This fact leads to reduce the volumetric efficiency (as described above).
The volume decrease is near to 9.51% for methane in stoichiometric conditions.
Therefore, the power output may have a little decrease, but the higher thermodynamic
efficiency and the higher knock resistance of methane, which allow the usage of higher

compression ratio, might reduce this issue.

The low efficiency and sensitivity to changes in the fuel gas composition of the low-
compression-ratio spark ignition gas engine makes it fall increasingly out of favor in
comparison to the gas-fueled diesel engine. However, diesel engines, with their

continued improvements in the control of their emissions, efficiency, and reliability,
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tended to relegate the dual-fuel engine to a secondary role, confining it increasingly to
special applications where economic advantages can be assured through the

exploitation of much cheaper gaseous fuels.

As aresult of all the considerations made in this chapter in Figure 4 we can see the comparison
of BSFC (brake specific fuel consumption), in terms of [MJ/kWh] in a typical diesel engine
fueled with normal diesel fuel and converted into natural gas fuel. The evidence is a non-
negligible improvement in efficiency, especially at medium and high loads, (at low loads

combustion speed is lower and very lean mixture can decrease combustion efficiency).
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Figure 4 BSFC comparison in dual fuel engine VS diesel engine

The BSFC is directly related to engine efficiency by the relation written below:
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BSFC = ——
kixng

The reduction that can be reached in this application may be up to 10%. This result is the main
responsible of the diffusion of this kind of engines as retrofit kits or complete design from the
scratch. The particular constraints into automotive application instead of electric power
generation or naval engines, have favored first fix applications. However, in the latest years
the development made especially in engine control systems and the development in innovative
combustion process have paved the way to automotive applications, and they have also opened

new research field to be investigated by researchers®.
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2. CFD modelling

2.1 Introduction

As described above in the abstract of this work the aim of this research program is to study
the effect of non-convectional combustion process in ICE, in particular into modified diesel
engines. The approach is to study the process from a numeric point of view supported by
experimental analysis at the test bench. Its first aim is to find a good agreement of calculation
results in comparison to measurements at the test bench; secondly, simulations are used to
develop an optimized strategy to reach the best results. In order to reach the research target

the adoption of CFD (Computational Fluid Dynamics) technique is necessary.

CFD is the study of systems involving fluid flow, heat transfer and associated phenomena
such as chemical reactions by means of computer-based simulation. The technique is very
powerful and spans a wide range of industrial application fields. Some examples are:

» aerodynamics of aircraft and vehicles: lift and drag

* hydrodynamics of boats

* power plant: combustion in internal combustion engines and gas turbines

* turbomachinery: flows inside rotating passages, diffusers etc.

* electrical and electronic engineering: cooling of equipment including microcircuits
* chemical process engineering: mixing and separation, polymer molding

« external and internal environment of buildings: wind loading and heating/ventilation
* marine engineering: loads on off-shore structures

* environmental engineering: distribution of pollutants and effluents

* hydrology and oceanography: flows in rivers, estuaries, oceans

* meteorology: weather forecast
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* biomedical engineering: blood flows through arteries and veins

The first usage of the CFD techniques started from aerospace industry in 1960s, into
designing, R&D and manufacturing of aircraft and jet engines. This method has recently been
applied to the design of ICE, in particular for the simulation of the flow field into the cylinder
and the combustion process into the combustion chamber. Furthermore, vehicle manufacturers
now routinely predict drag forces, under-bonnet air-flows and the in-car environment with
CFD. Increasingly CFD is becoming a vital component in the design of industrial products
and processes. The ultimate aim of development in the CFD field is to provide a capability
comparable with other CAE (computer-aided engineering) tools such as stress analysis codes.
The main reason why CFD has lagged behind is the tremendous complexity of the underlying
behavior, which precludes a description of fluid flows that is at the same time economical and
sufficiently complete. The availability of affordable high-performance computing hardware
and the introduction of user-friendly interfaces have led to a recent upsurge of interest, and

CFD has entered into the wider industrial community since the 1990s.

The CFD as described above is widespread in a lot of industrial fields. The results achievable
compared to experimental campaigns lead to diffuse CFD simulations. In particular, there are

several advantages:

- Time reduction in component design

- Ability to study complex fluid domain where experimental campaign can be expensive
or difficult to run

- Unlimited levels of detail

- CFD can generate huge amount of results with no added costs

- Parametrical geometry optimization

Anyway, CFD requires qualified people in order to manage CFD calculation and to interpret

results or to implement different calculation models or strategy.
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In fact, the first diffusion of CFD historically starts from academic research before being
applied to the industry field. We have to consider the main classification of CFD code:
commercial code and open code. The first one is born to fit industry requirements, typically
the source code cannot be modified by the user and the calculation grid is a result of an
automated process. This fact perfectly fits industry time-to-market needs but it does not match
academic research field, if the problem is not “convectional”. For academic research, both
types of CFD codes can be used. When the research field or activity is focused on studying
different combustion processes or in general problems that are related to physical models,
open codes are preferable; they allow to modify the code and to implement new models. On
the other hand, if the research activity is focused only on engine design (e.g. combustion
chamber design, inlet ports design, etc.) with conventional combustion processes, a
commercial code can be useful for achieving the objective. In this work, results obtained by
the adoption of both codes are presented, according to the activities and taking into account
the above-mentioned considerations. In particular, the open code used is a modified version

ok KIVA-3V developed by a collaboration between Unimore and Chalmers University.
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2.2 Kiva 3V introduction

The main CFD software adopted in the analysis of combustion process either for methane
blended with diesel and gasoline blended with diesel is a custom version of Kiva 3V. This
custom version has been developed in Chalmers University in collaboration with Unimore
University. Kiva 3V is an open-source code Fortran based; it has been developed in Los
Alamos National Laboratory. The first version of the software dates back to 1970 and derives
from the previous Los Alamos National Laboratory experiences in the CFD field, mainly
related to the Manhattan Project, in which the very early CFD code were used to study
nuclear weapons. The first version of the code was able to solve reactive flows for generic
application, but, in 1976, Dan Butler, Los Alamos CFD team leader, realized that the program,
if properly adapted, could have simulate reactive flows in internal combustion engines . The
development of the application for internal combustion engine starts and was carried to the
birth of the first version of Kiva3V, presented in a SAE paper in 1985 &,

40



2.3 Kiva-3V CFD modelling theory

As mentioned above, Kiva 3V is a Fortran based Code. The code is open and therefore, in the
research field, many modifications have been made in years in order to adapt simulations to
specific problems (e.g. Diesel Combustion, Hydrogen combustion, Dual fuel combustion). In
particular, the department of University of Modena and Reggio Emilia in collaboration with
the Chalmers University in 2006 developed a detailed chemistry reaction in order to simulate
Diesel combustion®. The model has been calibrated by several experimental and numerical
validations. The fluid calculation domain is discretized by a block-structured mesh. The block-
structured mesh and the solution models for transport equations on it are preferred by
consideration of the fluid flow problems with high Reynolds and Grashof numbers and
turbulence'®. The advection of heat and of species is also easier computed on the structured
mesh. This particular mesh allows to achieve the required resolution in the boundary layers
using fewer elements than with the unstructured ones. The higher mesh resolution results in
the application of the mesh cells with high aspect ratio. The structured mesh is build up with
numerical blocks. Each numerical block is a polygon with at least 4 corners which mark 4
block sides which are pairwise opposite to each other. The structured mesh inside of the block
consists of two systems of the mesh lines. The number of the mesh elements at the opposite
sides should be equal. In the figure below, an example of structural mesh is represented (two

stroke engine):
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Figure 5 Kiva structure mesh example

Kiva also provides a pre-process software K-3PREP that is used to generate the calculation
grid starting from block coordinates. This software is quite good when it is necessary to
generate parametrical geometry analysis, because it can generate an algorithm that
automatically generates a calculation grid. This feature is especially useful when the geometry
studied is not so detailed in order to investigate macro geometrical parameter for first design
11 The mesh represented in Figure 5 has been generated by K3-PREP, we can observe that
geometrical details are quite poor, in that case the base geometry has been used for a

parametrical optimization.

2.3.1 RANS equations

Kiva code adopts RANS (Raynolds Avarage Navier Stokes) method for the resolution if the

flow field into the engine fluid domains. These equations are time-averaged equations of
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flow. The method is adopted to solve turbulent flows and it can be applied to approximate the
solution of Navier Stokes equations, represented in figure below:

Du dp _

'DD_t =5 + div (ugrad u) + Sy
Dv dp .

'DE = _E + div (ugrad v) + Sy,
Dw dp )

pﬁ =3 + div (ugrad w) + Sy,

2.1)

The main characteristic of this method is the application of Reynolds decomposition to Navier
Stokes equations. RANS’s method divides flow variables into mean component (u), and
fluctuating component (u”). The mean component is a Reynolds operator; these operators have
several properties. One of these properties is that the mean fluctuating component is zerol12.
Therefore, taking the Navier stokes equations into account, and adding this hypothesis and
considering the continuity equation div(u)=0, we first note that div u = div U. This yields the

continuity equation for the mean flow:

divU=0
(2.2)

A similar approach can be adopted in x- momentum equation. The time average of the

individual terms can be written as:
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Adding these results to the time-average x-momentum we obtain:
aU+d' UU) + di (’_')— 16P+ di dU
5% iv (UU) iv( @uu )= »ox vdiv (grad (U))
(2.4)

Executing the same process for y-momentum and z-momentum, and algebraically

manipulating the three equations we obtain:

(2.5)
aU+d' Uu) = 16P+ di d(U
PR iv(UU) = O vdiv (grad (U))
1 6<—pu’2) 6(—pu’v’) 6<—pu’w’)
) T T
aV+d' VU) = 16P+ di dV
5t iv(VU) = 23y vdiv (grad (V))
1[o(-euv) o(=0v) acporwy
s x| ay T oz
(2.6)
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ow _ 10P _
— + div (WU) = ——— + vdiv (grad (W))

Jt p 0z
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+; 0x + dy + 0z

2.7)

The equations system formed by (4.2 ,4.5-7) is called Raynolds-Avarage Navier Stokes
Equations. These equations are written in the hypothesis of incompressible flow. For clarity

in table below, the set of valid equations is reported in case of compressible flows.

Continuity
2 + div (50) = 0 (2.8)

Reynolds equations

A0 35 6<ﬁu’2> 0<ﬁu’v’> 0(ﬁu’w’>
P . =77 — 9% . [ _ _ _
o T div (pUU) = T div (ugrad U) + ™ 3y 5 + Sux

e _ al pu'v’ 0 ﬁl;lz al pv'w’
PV) | . amex 0P ~ _ < >_ ( >_ ( ) (4
—5 T div (pVU) = Pl div (ugrad V) + = % 5|+ Smy

o) Ty 0P 7 (o) o) afow)
5 T div (pWU) = -5, div (ugrad W) + |— o + Syz

(2.9)
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Scalar equation

. ~ 9 (ﬁu’q)’) d (ﬁv’w’) d (ﬁW'<P')
+ div (p®U) = div (Fq,grad q)) |- ox dy B 0z 5o

A(p®)
ot

(2.10)

2.3.2 Kiva Turbulence Modulation

Turbulence modelling is of fundamental importance in order to study combustion process, in
particular Kiva-3V adopt a modified version for compressible flow of k-€ model called RNG
k-& proposed by Han and Reitz’ The compressible flow is take into consideration with an extra
term added to the dissipation equation witch change in the main strain rate, and
compressibility of the flow is accounted for. In the next equations reported below, the RNG

k-£ method is described.
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In Equations (4.8-10), we find the variables reported below:

e K : turbulent kinetic energy

€ : turbulent kinetic energy dissipation rate
e p,u,T,u:arerespectively density, velocity, stress tensor and effective viscosity

e 7 :the ratio of the turbulent to mean strain scale

e S= (ZSijSij)l/Z is the magnitude of main strain S;; = (9%;/ dx; + 0u;/ dx;)/2.

e Constants : m =0,5,n=1c, = 0.0845,C; = 1,42,(, = 1,68, a, = a, =
1,39,n0 = 4,38, = 0.012

Source terms involving the quantity WS account for the interaction between the gas and the
spray. Physically W * is the negative of the rate at which the turbulence eddies do work in
dispersing the spray droplets. Cs is suggested to be 1.5 [1]. The Cj term accounts for the non-
zero velocity dilatation which is closed based on a rapid distortion analysis [36]. Notice that
the value of C? varies from 1.726 during compression to -0.9 during expansion [36], which

covers the range of values suggested in the previous literature.
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2.4 Combustion Modeling

The kiva-3v version used for the calculation campaign is a custom version developed by
Unimore and Chalmers University in Sweden. The team integrated Fortran based code
CHEMKIN-II in order to obtain a detailed chemistry mechanism to simulate diesel
combustion. The model has been calibrated as described in °. Obviously in CFD 3D internal
combustion engine simulations the physical process is well emulated if the code is well
calibrated; in other words code can be predictive if the models implemented into the code fits
the combustion process that has to be emulated. This can be traduced in implement detailed
chemistry and custom reaction for the specific fuel. Kiva 3V solves fuel spray evaporation
coupled with turbulent fluid dynamics of compressible, multiphase, multicomponent, reactive
gases in combustion chamber geometry. Kiva 3V calculation code includes detailed
combustion chemistry linked to a comprehensive oxidation mechanism of diesel oil surrogate
(DOS) 3, turbulence\chemistry model in terms of PaSR (Partially Stirred Reactor Model) 4.
In the modified version of kiva Senkin code of the Chemkin-2 a validated mechanism of

combustion for Diesel Oil has been finally build and calibrated. .

2.4.1 Diesel Surrogate Model

In order to simulate properties of diesel oil, a DOS has been implemented in the CFD code.
The fuel vapor is modeled by simulating a multicomponent nature of the fuel vapor, regardless
that the fuel is assumed to be constructed by one component. Because real diesel oil
composition and properties are quite complex in KIVA-3V fuel library, this information was
used in the modeling and only the specified chemical formula of the fuel was selected as
CuaH2s. Nevertheless, the oxidation models of real fuel Diesel oil are not known; fuel is

assumed to be decomposed into n-heptane C7H16 and toluene C7Hs:

49



(2.16)

Then detailed chemical sub-mechanism for the other components were constructed. The
complete set of equations is composed of 70 species participating in 310 base, global and
surface kinetic stage. N-heptane, was chosen to be in excess, since the cetane number is 56
(similar to the original Diesel Qil). Conversely, mechanisms for aliphatic substances and
aromatics, which quantify a large part of diesel oil composition, are not well developed.
Taking the last observation into consideration ,the existing detailed mechanism did not reach
a good agreement in terms of combustion prediction; in this scenario a refinement of the
toluene kinetic model was needed to improve performance and to match experimental data.

Here below we report the new set of reactions including double ketone C¢H4O:

CcH: + 0, = C,H,0, + H
C¢H, + 0, = 2CO + C,H, + CH,CO,
CeH:0 + 0 = C,H,0, + H

CcH:0 + HO, = C4H,0, + H,0

(2.17)

As a result of the calibration campaign the model matches the experimental data. The

calibration process has been performed running several CFD 3D simulations in a constant
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volume and adiabatic conditions, at different pressures and temperatures. The results are

reported in the figure below *°.
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Figure 15 Ignition delay calculated for different mixture and temperature VS compared with

the stock-tube data at low pressure
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2.4.2 Turbulence/Chemistry interactions

Most methods in CFD 3D simulations involve solving RANS equations. In turbulent
combustion modelling, itis of fundamental importance to insert models which take into
account macro and micro scale in terms of mixing. In order to show the effects of imperfect

mixture, the PaSR model is used.

Assuming that chemical reactions proceed in such a way that a shortest chemical time for a
particular species in the reaction is constrained by the micro-mixing time, the PaSR equations

read:

dct ¢t —c° c c—ct c

dt T Te Tmix T,
(2.18)
Where t is the time step, ,,,;, IS the micro-mixing time and . is the chemical reaction time.
The model can distinguish between: concentration in reactor zone c, reactor exit c* and in the

feed ¢°. With some manipulations, the equation can be written as below:

(2.19)

k=t . .
where ———, and H is a harmonic mean

Tmix+Tc

The equation reported above (4.20) shows that the turbulent combustion time is the total of
mixing plus reaction times, in case the process is represented in terms of reactor parameter.

This fact is due to PaRS modulation. For the detailed chemical mechanism, the net production
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rate of the reference species due to the chemical reaction with accounting for the micro mixing

effect can be given in a form:

1

0 00
Cs — Cg Csﬁ”

CS + term , T + term , Ty

= . =

— = fi(c") K
(2.20)

Where term ; and £,° are the terms representing mass depletion rate and net chemical

production rate.

The above written equation (4.20) is deduced in the hypothesis that chemical reaction times
are defined as characteristic times of the species destruction rates, when the production terms

are reported in equation below (4.21)

fr(©) = (v’ = v)ay(c) = term —term ; =
= term , — Cs/ 7,

(2.21)

The 4.22 v," and v, are stoichiometric of the backwards of stages, w, is the rate progress
variable of the reaction, respectively. Equation 4.21 can be founded if 7, (chemical reaction
time) is defined as characteristic times of the species destruction rates, when the species
production are presented as in 4.22. Micro mixing phenomena is described in terms of
Kolmogorov’s time definition 6. References species are defined as the species which have
smallest concentration among those defining the depletion rate in the linear form 4.22. This
definition is similar to Magnussen-Hjertager ( M-H) model. This approach introducing such
a reference species for each reaction helps to better simulate non -linear expression term , by
the linear one ¢, /.. Manipulating expression 4.21 and substituting the expression 4.22 it can

be obtained:
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£(€) = (term § — cg/7,) ——— =
s s S C TC + Tmlx
T c
= term;’ < o
T¢ + Tmix Tc + Tmix

(2.22)

For the chemical equilibrium conditions £.(c )=0, term ; = ¢{?/zc, the final equation with

7. — 0 of PaSR can be written in the follow form:

eq

Cs —Cs

limf.-(c) =
Tc—0 ;

mix

(2.23)

That perfectly complies with the classic expression of the Magnussen-Hjertager Model.
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3 Optimization of a Dual fuel (Natural gas-Diesel) for
Gen-sets

3.1 Introduction

The focus of this research activity is to investigate and develop an efficient engine for electric
generation (gen-set). The target power of this generator is set to 80 kW. In the Internal
combustion engine for gen-set scenario, typical adopted engines are for heavy duties
applications (HD). In the GEN-SET applications, engines typically runs at 1500 rpm or at

1800 rpm depending on the electrical frequency. In the table below some typical engine

generators are reported..

HIMOINSA/

VOLVO ) MOTEURS
Manufacturer DEUTZ Cummins _
PENTA FPT IVECO Baudouin
Engine Type Cl Cl Cl Cl Cl
Cylinders _ ) ) _ )
In-line In-line In-line In-line In-line
arrangement
Number of
) 6 4 4 4 4
cylinders
Turbocharger v v v v v
Injection type DI D] DI DI DI
Bore x  Stroke
102 x 132 | 108 x 130 | 107 x 124 104 x 132 105 x 130
[mm]
Displacement [L] 6.47 4.76 4.46 4.49 4.50
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Compression Ratio n.a. 18.0:1 n.a. 17.5:1 18.0:1

Rated rpom@50 Hz 1500 1500 1500 1500 1500

Max. Prime Power
at rated rpm [kW]

93.1 76.0 82.0 88.6 74.0

BMEP at max.
Prime Power, rated 11.51 12.76 14.71 15.80 13.15
rpm [bar]

Fuel consumption
at max. Prime
23.4 21.1 22.0 22.0 18.6
Power, rated rpm
[L/h]

BSFC at max.
Prime Power, rated 209 231 223 206 209

rpm [g/kWh]

Specific Prime
Power at rated rpm 14.39 15.95 18.39 19.75 16.43
[kWIL]

Table 2 Typical GEN-SET engines

The engines reported in the table are, as described above, HD engines, so they are very
reliable, robust and with a high efficiency near to 200 g/kWh. Nevertheless, the specific power
is too low, which leads to have bulky power units. Another evidence to take into consideration
for the future of these engines are pollutant emissions, from this point of view in the GEN-
SET field the non-road emission standards are close to euro-5 regulations. Therefore, during
next years the design of the whole exhaust system and in particular the design of the after-

treatment system must be reinvented. The development of an after-treatment system and the
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calibration of the new GEN-SET is very expensive. It can be worthwhile running these engines
with natural gas NG ( Methane); this adoption can drastically simplify after-treatment
systems, a simple 3-way catalyst can be used, because of the stoichiometric ratio imposed by
spark plug natural gas engines. In addition, the adoption of natural gas is more eco-friendly,
also a percentage of this gas can derive from a sustainable sources, furthermore NG is
normally less expensive than diesel oil.

However, the adoption of a spark plug engine, decreases engine efficiency, which is due to
low compression ratio reachable at knock limit and to the increase of gas heat exchanges into
the cylinder during combustion process. A possible different scenario can maintain
compression ignition engines (Cl), operating in dual fuel mode. In this way, theoretically, it
is possible to generate a low reactivity fuel mixed with a PFI system ignited by a high
reactivity fuel (diesel oil) directly injected into the combustion chamber. The idea is to ignite
a lean charge with a small amount of Diesel Oil; this concept is called “Liquid Spark”.

Converting a direct injected diesel engine into dual fuel engine is quite easy because the only
mandatory modification is the adoption of a methane injection system, which is quite cheap
(this evidence will be described in the further section). Obviously, there are further
improvements that can be added in order to better optimize the whole system (e.g. combustion
chamber design, piston bowl design, compression ratio). Maintaining the original
compression ratio of the CI engine can lead to reach the same global efficiency of the

unmodified engine.

Engine efficiency is related to diesel substitution rate: the more the amount the better is the

efficiency increase possibility, but huge amount of NG can lead to knock phenomena.

In order to investigate the substitution rate limit an experimental campaign has been carried
out on an experimental engine with several operation points. Every operation point and every
step of Diesel substitution needs a specific calibration process. This result can be reached
only with a specific and modern control system, so the adoption of a modern diesel engine'’

IS mandatory.
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3.2The engine choice

According to all the consideration made in the sections above, the engine chosen is a light-
duty diesel engine directly injected, fully-electrical controlled with a development ECU (see
next section). This engine is designed for automotive field, basically developed by VM motors

in Cento (FE Italy) Figure 6. The main characteristic of the engine are reported in the table
below.

Figure 6 VM 428 Diesel Engine
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Engine HSDI 4-S Diesel, EURO IV
N. of cylinders and arrangement | 4 in-line

Total displacement [L] 2.78

Bore x Stroke [mm] 94 x 100

Compression ratio 17.5:1

N. of valves per cylinder 4

Air Metering VGT + Intercooler

Injection system Common Rail

Max. Injection press. [MPa] 160

Injector hole diameter [mm] 0.153

Number of injector holes 6

EGR system High Pressure with EGR cooler
Max. brake power [kW @rpm] 130@3800

Max. brake torque [Nm @rpm] 440@1750

Max. Peak cylinder pressure [bar] | 150

Max. engine speed [rpm] 4600

Table 3 VM 428 Tech specs

This engine can normally run over 4000 rpm due to the common rail high pressure injection
system and the relative small stroke of the pistons. The highest rpm reachable with this engine
lead to say that running this engine at 3000 rpm is very easy and not onerous for this power
unit. The BMEP reached at this revs is near to 12 BAR, so the power output is near to 80 Kw,
similar to engines reported in Table 1 Table 3. Furthermore, there are several advantages with

the adoption of this engine:
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e The overall dimensions of the GEN-SET power unit are quite small in comparison to
the typical engines adopted

e The total weight is significantly reduced

e The global thermal load in terms of BMEP in comparison to HD engines is lower than
25%

The main focus of the calibration process is to minimize, as already mentioned in the previous
section, the Diesel oil mass flow trying to maintain the same global efficiency and/or trying
to find some improvements. All these hypothesis have taken into account pollutant emissions
constraints; in other words any increase of pollutant emission is tolerated in order to obtain a
homolog able configuration of the operation point considered, only an increase of CO and HC
can be tolerated, due to the different combustion process. The new process is an hybrid
between diesel and otto-cycle, so the higher the percentage of substitution of diesel oil, the
higher CO and HC emissions are expected. As far as NOx emissions are concerned, the goal
of calibration is to keep them lower or equal to the stock Diesel engine in order to reduce the

cost and complexity of the after-treatment system.

The most important operating point typically investigated for the development of the GEN-
SET engine are the follow:

e Rated speed 1500 rpm ; for the new application 3000 rpm at maximum load

e Rated speed a 75% of the maximum load.

In this research activity investigated BMEP are more than the two points normally studied.
Low load conditions were investigated in order to reach NG substitution limit and also a
medium load, because in normal use of the GEN-SET load can be fluctuating in time and
cover all operating condition at fixed engine speed. In this way it is important to demonstrate
not only two operation points but the whole operation field in order to investigate limitation

in NG substitution. In the table below the operation points analyzed in this study are reported.
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RPM [rev/min]

Engine Load [Nm]

3000 44
3000 88
3000 177
3000 265

Figure 7 and Figure 8show the pollutant mass flow rate in function of the engine load,
measured on a reference diesel engine @ 3000 rpm. No EGR is present because the EGR
valve is closed, in order to distinguish emission only in terms of load instead of load VS EGR

mass flow rate. The graph demonstrates that it is not necessary to run in dual fuel mode in all

Table 4 Operating points

operating points: at low loads, engine can run only with diesel oil.

Raw NOx & CO rates at 3000 rpm
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Figure 7 NOx and CO vs BMEP
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Raw PM & UHC rates at 3000 rpm
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Figure 8 PMI and UHC vs BMEP

This experimental study due to the deep insight of the combustion process is suitable also as
a guideline to set up strategies for other applications (e.g. for passenger cars without FAP,
boats trucks).The experimental campaign is followed by a CFD 3d calculation campaign in
order to validate numerical results and to set the baseline for next developments of the concept

for other applications.
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3.3 Background of DF operation mode

The engine test has been carried out, first of all, choosing the operation points running dual
fuel operation. In the table 5 we can observe the investigated operating points. Engine speed
is fixed at 3000 rpm, because one of the main advantages in dual fuel operation is to convert

engine for electric generation, as already described in the previous section.

Above all, when running in dual fuel operation mode it is necessary to define some variables.
Considering a specific operating point running in standard diesel operation, mq defines the
mass injected for each engine cycle. When running in dual fuel operation this amount
decreases due to the increase amount of NG; the Diesel oil flow rate in this case is called m'q

. The ratio between this two quantities is defined as Diesel combustion fraction:

3.1)

In this condition the amount in terms of injected mass per cycle of NG needed (in hypothesis

of combustion efficiency equal to 1) can by expressed by:

_ (1 — X)mDLHVD

TING = TV G
3.2)
Where LHV are low heating value of Diesel and NG respectively
Ao = (a — an,D)LHVNG
NG (1 = x)agnLHVD
(3.3
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In dual fuel combustion mode, it is important to have an estimation of the air-to-fuel ratio of
the premixed charge Ay . In order to calculate this parameter several hypotheses have been

made:

e The air mass delivery is supposed to be constant
e The amount of diesel injected is low in comparison to NG

e Diesel complete combustion ends before NG combustion process according to the

higher reactivity
e Diesel subtracts to the premixed charge air mass equivalent to (m;,as,D), asp is the

stoichiometric air fuel ratio of Diesel fuel

Considering all the hypotheses above, the relative air-to-NG ratio obtained from a given

residual Diesel combustion fraction may be expressed as:

A _ (a — an,D)LHVNG
NG (1 = x)agnLHVD

(3.4)

Where:

e a = m,/mp is the mass ratio of air to Diesel in standard diesel combustion mode

® agyc is the stoichiometric air-to-fuel ratio of the NG

The equation reported is valid only if x is a small value. When there is a big amount of diesel,
a big portion of Natural Gas burns together with diesel, in this condition it is not possible to

estimate the portion of air burnt by the single fuel. This equation is reported in the Figure 9.
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Figure 9 Influence of residual Diesel combustion fraction

Observing Figure 9 we may observe that a big amount of substitution is critical at high loads,
because in this case, risk of knocks increases due to the high AFR= 16-20 and to the high
compression ratio of the engine. In this scenario, a safe threshold can be set to Ayg = 1.5, the
minimum value of x is 0,4 and 0.8 with respectively a==20 and 16. In percentage, this means
a 60% reduction of diesel oil and 20% respectively®,

Conversely, when the load is low « is very high, this leads to have unburnt gases because too
lean mixtures have a huge decrease in combustion speed. One possible alternative can be to
increase the amount of EGR or to control boost pressure. When the amount of NG is enough,
DF combustion process is near to a conventional spark ignited engine, however the
distribution of the mass fraction burned in comparison to a Sl engine is slightly different in
the first phase; in the DF operation the first part of the combustion is faster. This fact is due

to the amount of Diesel oil injected for the ignition of the charge in the first part of the process.
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3.4 Pollutant emissions

In terms of pollutant emission the application of dual fuel process can determine several

advantages in terms of exhaust pollutant emissions, and also some disadvantages.

In literature, there are several works that explain that the main advantage of the introduction
of Dual fuel combustion process is represented by the soot reduction >’ The main reason
for this assumption is that soot is a product in the diffusive combustion process of the Diesel
fuel. However, in DF operation this amount is drastically reduced and this evidence
demonstrates the soot reduction. Another evidence is the absence of Polycyclic Aromatic

Hydrocarbons ( PHAs)in NG, which are precursors of PM formation?.

The second advantage in DF introduction is the reduction in of CO 21222 this is due to the
higher Hydrogen element in Methane molecule. Unburned Hydrocarbon emissions slightly

increase when passing to diffusive to pre-mixed combustion®*3!. The main reasons are:

e In lean mixtures combustion speed is lower than stoichiometric mixture, fuel far from
the injector can not react
e Some fuel may be lost because NG is injected in engine Port, so fuel can by-pass

combustion chamber when intake and exhaust valve are open.

Another negative difference in DF and ClI is the increase in CO emissions, the reasons are

similar to HC emission increase, in addition we can add:

e HC oxidation reactions are faster than CO oxidation, as result the CO concentration
can freeze
e Combustion partial products contain a huge percentage of CO, this reaction tends to

freeze during the expansion phase

As regarding NOx emission in literature discordant conclusions are reported, in some cases it
is reported a reduction!®?; in others works, though, an increase is observed 222427 In the

former case, we can consider the following hypotheses for the NOx decreasing:
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e Premixed charge made of NG and Air has a higher heat capacity than air, this leads to
have a lower temperature at the end of compression, and consequently to a reduction
of NOx

e The increase of temperature due to DF operation mode is smaller especially when the

premixed charge is lean.

Nevertheless, if a relatively large volume of air and NG is ignited by the injection of Diesel

fuel, the local temperature tends to rise abruptly, along with the formation rate of NOx.

Global efficiency is related to the operation point and at high value of Ay emissions we can

observe:

e Decreasing of Combustion efficiency due to not complete combustion
e High heat losses due to the slow combustion process in DF operation mode when the

mixture is lean

In conclusion, when passing from a standard Diesel combustion process to a DF process with
a premixed charge of Methane, taking into account the same operation point (speed and load),
CO2 and SOOT emissions are expected to decrease; CO and HC to increase, and depending

on the calibration, operating point and % of substitution NOx emission may decrease, or not.
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3.5 Engine control system and setup

In this section, the engine modification is described and also the installation at the test bench

at Unimore University.

First of all, the engine has been equipped with a methane injection system . Methane injectors
are quite simple compared to diesel injectors. They are composed by a solenoid actuator which
drives a gas valve with calibrated hole. The hole diameter is quite huge in comparison to a
liquid fuel injector, itis near 1.5 mm; this fact is due to the lower density of the gas fuel instead
of liquid fuel. in addition, the injection pressure is low , near 4-5 bar, so it is necessary to
enlarge the hole in order to have correct mass flow rate and not to have too big injection time.

In the figure below the methane injector is shown :

Figure 10 Methane injector

The injector is driven by a development ECU which allows to calibrate the injection phase
time in function of several engine parameters such as engine speed, load, intake air

temperature, intake pressure etc. .
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The original engine control unit does not include dual fuel operation because it is intent to
drive only diesel oil engine. The ECU which drives VM428 engine is a MED EDC16, it is a
“standard” ECU provided by BOSCH Figure 11. In this case, in order to modify all calibration
parameters, the engine is equipped with a specific development ECU; this system drives with
the same software as the commercial engine but with the possibility to change instantaneously
all calibrations and to switch on and off strategies or diagnosis that could be a source of
problems when the engine is in dual fuel operation mode. As an example, in figure 18 an
image of a ETK ECU is reported. In order to control ETK ECU it is necessary to have a
specific hardware configuration and a specific calibration program. The hardware needed in
order to calibrate parameters and measure is provided by ETAS and specifically developed
for ETK, the module used is called ETAS592 Figure 12. The software adopted to measure
calibration and dataset management is ETAS INCA, this software represents a standard for

automotive control calibration.

The controller of the methane injection is directly provided by Ecomotive solution Figure 13.
This controller is made for development as it has already been described for BOSCH ETK.
Its control parameters can be changed when the engine is running, which is essential for the
optimization of the dual fuel combustion process.

69



Figure 11Development ETK-ECU

Figure 12 ETAS592 module
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Figure 13 D-GID ECU

For reason of clarity a scheme of the whole controller is reported. There are two parallel
controllers working as stand-alone systems, this can be useful only for testing bed calibration
at fixed operating points, not for transient conditions, because in that case a communication
between parallel controls via can bus protocol must be realized. For these reasons, it is not

necessary to implement this communication.
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Figure 14 Engine control unit scheme
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3.6 Test bench installation

The engine is installed at the Unimore test bed. This bed is provided by Apicom and it is

equipped with a Eddy current dynamometer FR400BRP. In Figure 15 the technical
specification of the instrument are reported:
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Figure 15 Apicom FR400 eddy current dynamometer

In Figure 16 below a scheme of the test bed installation and measurement equipment is shown.
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Figure 16 Sketch of the test bench

In order to calibrate combustion process it is fundamental to measure the instant in cylinder
pressure. Therefore, the test bed is equipped with an indicating measure system provided by
Alma Automotive. The pressure sensor is a Kistler piezostar 6058 transducer and it is installed
with a plug adapter instead of the glow plug of one cylinder. An optical encoder provided with
120 teeth and specifically designed to fit the engine provides the crankshaft position detection.
The pressure transducer is linked to a Kistler charge amplifier in order to keep the charge
Coulomb signal and traduce it in an analog signal 0-10 V. This signal is kept as input into a
Compact Crio logger along with the digital signal coming from the crankshaft position sensor.
Compact Crio communicates via ethernet cable with a PC where Alma Automotive Software
Obi Clinet runs (Figure 17). As an example, a screenshot of this software is reported in the

figure below .
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Figure 17 Obi client Indicating Software by Alma Automotive

This software can record a fixed amount of pressure cycle data, calculating all main engine
parameters which derive from in-cylinder pressure traces (e.g. IMEP, IMEPH, PMEP,
MFB10,50,90, ROHR...). All collected data are post-processed in order to analyze engine

combustion process.

The combustion process is slightly different from cylinder to cylinder, especially for gasoline
engines; taking these considerations into account, the methane injectors are installed just after
the Intercooler system in order to ensure homogeneous mixing of the premixed charge.
Intercooler system is different from the original one installed in VM428; at the test bed, the
intercooler is an air-to-liquid heat exchanger, and the outlet temperature of the air is controlled
by a PID regulator acting to the water flow rate running into the exchanger.

For the measurement of the Diesel flow rate, a Coriolis flow meter is adopted. As for the
methane gas flow, a specific flow meter produced by Alicat MCE is applied . This specific

transducer is a venturi pipe.
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All other measurements and controls of the test bench are acquired from Apicom automation
test software Horus, in particular all the 4 states of the operational fluid are measured: pressure
temperature and humidity at ambient condition, compressor inlet, compressor outlet,

intercooler outlet, turbine inlet and outlet.

For the measurement of the pollutant emissions, MRU Vario plus industrial has been used.
The gauge measures Oz, CO, CO2, NO, NO2z, NOx, and CH4 using Nondispersive Infrared
technology (NDIR). Soot emissions are measured by a AVL Di Smoke 4000 opacemeter. In
the interests of clarity, we have to consider that these measurements are engine-out emissions,
without aftertreatment system installed into the engine. This is important in order to evaluate
the performance of calibration hint in pollutant emissions. This work does not aim at

evaluating aftertreatment system performance and its calibration.

In order to calculate stoichiometric ratio, the test bench is equipped with an air mass flow
meter installed before the compressor. The Ecomotive solution injection system drives 4
injectors; in this application, all the injectors are needed in order to supply the right amount
of methane for the VM428.The nominal flow rate of the injectors is 1.5 g/s at 3 bar of
differential injection pressure. The installation is near the intercooler system and about 500
mm before the plenum. In order to improve mixing, the 4 injectors are installed forming a 30°

angle with the radius of the duct cross section passing from the nozzle.

The installation of the methane injectors is reported in Figure 18, it is important to underline
that injectors installed in this configurations works like a single point injector. This do not
affect results because no dynamic load transition are investigated, in that case injectors must
be placed near the intake duct of every cylinder. The number of injectors is kept equal to the
number of cylinder only for simplicity because the control system has bee specifically

designed for this configuration.
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Figure 18 Methane injection system installed after intercooler

Methane injection system is quite simpler than a liquid injection system, substantially it is
composed by a pressurized tank at 250 Bar and two pressure reduction stages. The last one
determines injection pressure. Injectors, as already described above, are very similar to PFI

gasoline injectors.

The whole installation system at Unimore test bed is reported in the Figure 19:
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Figure 19 Dual Fuel engine installed at test bench

In

Table 5 main specifications of the Diesel Oil and natural gas are reported

Fuel properties Methane | Diesel oil
Lower Heating Value (LHV) [MJ/kg] 49 43.5
Stoichiometric AFR (as) [-] 16.84 14.50
Relative Lower Heating Value (RLHV) [MJ/kg] 291 3.00
Heating value of stoichiometric mixture [MJ/kg] | 2 75 281
Research Octane Number (RON) [-] ~120 -
Cetane Number (CN) [-] - 52
Autoignition temperature [°C] 650 200

Table 5 Physical properties of Diesel fuel

The natural gas is 95% methane.
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3.7 Result discussion

The experimental campaign cover 4 operation points, as already described in the previous

paragraph. Here below all the operation points are reported.

e 3000 rpm — 44 Nm/BMEP = 2 bar;

e 3000 rpm — 88 Nm/BMEP = 4 bar;

e 3000 rpm — 177 Nm/BMEP = 8 bar;
e 3000 rpm — 265 Nm/BMEP = 12 bar.

The test bed control system uses two closed loop controls, which are applied in order to
control both engine speed and load through the current flowing into the eddy current
dynamometer. The controlled engine load has been kept constant by adjusting the load in the
Diesel control system. When the dual fuel operation mode is turned on the diesel fuel flow is

reduced in order to compensate methane fuel flow.

Regarding the consideration made above, the normal operation in Diesel fuel only is called
normal Diesel (ND): mq is the amount of diesel injected in ND mode. Conversely, the amount
of natural gas NG (mng) increase step by step, while the mass of Diesel injected is reduced.
In these conditions, the torque closed loop controller keeps BMEP constant. Two parameters
Xne ,Xp are defined in order to assess the amount of energy provided by methane instead of
Diesel, and to compare Global efficiency:

Xnol%] = <y 100
(3.5)
mp
Xp[%] = { =100
(3.6)
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Comparing these two parameters the difference in terms of Global efficiency is clear. If the
amount of energy in terms of methane is higher than the quantity subtracted from Diesel

amount, the global efficiency decreases, otherwise it increases.

All the points analyzed are measured at the same engine coolant temperature oil temperature
and at the same ambient conditions in terms of pressure temperature and humidity, along with
boost pressure and intake temperature (before intercooler). As already described, the EGR
valve is kept closed, in order to better control the operation points. In Table 6 all the operation

points valuated in this study are reported with the steps in terms of percentage of substitution

of Diesel Qil:

Engine load Dual fuel cases Percent diesel | Percent NG
by energy [%0] | by energy [%6]

ND 100.00 0.00
3000 rpm — | -20% Diesel fuel +46% NG 63.75 36.25
BMEP = 2bar | -41% Diesel fuel +63% NG 48.81 51.19
44 Nm -60% Diesel fuel +132% NG 24.27 75.73
-80% Diesel fuel +175% NG 9.60 90.40
ND 100.00 0.00
3000 rpm — -20% Diesel fuel +36% NG 68.95 31.05
BMEP = 4bar | -34% Diesel fuel +43% NG 60.90 39.10
88 Nm -64% Diesel fuel +86% NG 29.82 70.18
-80% Diesel fuel +148% NG 12.15 87.85
ND 100.00 0.00
3000 rpm — -27% Diesel fuel +32% NG 70.00 30.00
BMEP = 8bar | -46% Diesel fuel +55% NG 49.52 50.48
177 Nm -60% Diesel fuel +66% NG 38.03 61.97
-80% Diesel fuel +93% NG 17.47 82.53
3000 rpm — ND 100.00 0.00
BMEP = 12bar | -28% Diesel fuel +30% NG 70.95 29.05
265 Nm -36% Diesel fuel +42% NG 60.43 39.57

80




-60% Diesel fuel +63% NG 39.38 60.62
-80% Diesel fuel +75% NG 21.55 78.45

Table 6 Operation Points

Looking at Table 6, it is clear that, in most cases, the more we increase Xng the more is the
total amount of energy per each cycle. That is to say, there is a drop in terms of thermal

efficiency.

This result was expected because decreasing diesel flow rate determines the application by
the ECU of partial load injection strategy. These strategies are not optimized for dual fuel

operation mode.

This first turn of experimental measurements are taken as base for the development of a
custom calibration of the injection strategy, in terms of timing, pressure, number of injection,

in order to investigate if is it possible to improve performance in terms of global efficiency.

In Figure 20 the BTE variation in the tested cases is reported , without optimization process;
we can observe a reduction in BTE in most of the analyzed cases, only one case at high load

has a 2%increase. This result is expected as mentioned above®.

+ 44 Nm 88 Nm ®177 Nm 265 Nm

0.0 I3 T T T T
_2.00_ () = 40% 60.% 80% 100%

BTE variation

Percentage of Diesel fuel energy reduction in DF
mode compared to ND mode

Figure 20 BTE variation VS Percentage of substitution
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As a result of the optimization campaign, here in Table 7, the performances in terms of energy

conversion are reported.

Engine load Non Optimized DF Optimized DF
3000 rpm — BMEP =2 -80% Diesel fuel +175% -80% Diesel fuel
bar NG +135%NG
-60% Diesel fuel +66% -60% Diesel fuel +57%
3000 rpm — BMEP = 8 NG NG
bar -80% Diesel fuel +93% | -80% Diesel fuel +74%
NG NG
3000 rpm — BMEP =12 -60% Diesel fuel +63% -60% Diesel fuel +52%
bar NG NG

Table 7 Results of the optimized operation points

In order to summarize results of the calibration process in terms of global efficiency we must
consider the cases at high percentage of substitution (the main goal of the activity is to

substitute as much Diesel as possible with NG), which are reported in Figure 21

82



#-80% Diesel fuel at 44 Nm #-60% Diesel fuel at 177 Nm

-80% Diesel fuel at 177 Nm #-60% Diesel fuel at 265 Nm
4.0

2.0
A
0.0 . | . .
@ 9000 20% 40% 6¢*/o 80% 100%
4.0
6.0
-8.0
-10.0 I

-12.0

ariation

V

BT

Percentage of Diesel fuel energy reduction in DF
mode compared to ND mode

Figure 21 BTE in optimized operation points

The Figure 21 reports in the x and y axis the same reported in Figure 20, the main result is
that in almost all cases the engine efficiency increases in comparison to the original diesel
operation points. In the case 60% Diesel at 265 Nm, the efficiency rises near 4% (3.8%). Only
at the lowest load, which is 44 Nm at BMEP=2 bar, the BTE can not be improved. This fact
is due to the high value of air to NG ratio, if the premixed charge is too lean, the reactivity
falls down and the combustion process, especially in end gas zone, can not be completed.

Therefore, in order to obtain the same load, engine efficiency decreases.

In conclusion, in one hand, it can be affirmed that DF-NG combustion is absolutely convenient
if the rate of substitution is grater than 60%, at least from the Brake Thermal efficiency point
of view. On the other hand, a drop of the global efficiency is observed; the calibration process
partially close the gap, but is not possible to run at the same BTE. Though diesel combustion
Is quite clean and efficient at low engine loads, so in the hypothesis of an engine conversion
in DF mode, a substitution of NG at low load is not mandatory. In addition in GEN-SET
operation mode low loads are not particularly interesting. The analysis , which follows in the

next paragraph, is focused in the medium high load points.
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3.8Combustion Analysis

The first case of analysis is the 8 bar if BMEP @3000 rpm, the main focus is to compare
natural diesel mode with DF mode. Figure 23 shows the apparent heat release rate, it is
important to specify that heat release has been calculated by a thermodynamic method starting
from the first law of thermodynamic and from the in cylinder pressure traces. So the thermal
exchange between in-cylinder gases and coolant liquid can not be estimated, for the sake of
simplicity, the specific heat constants are kept constant throughout the engine cycle. This

simplification do not lead to e huge errors.

In Figure 22, Figure 23, Figure 24, respectively in-cylinder pressure, apparent heat release and
Cumulative apparent heat release are reported, for all percentages of substitution without an
optimization of the injection strategy.

In Figure 23 it is clear that, in four out of five cases, the peak in heat release remains the same
near 25 Deg before top death center (BTDC); only one case (80% substitution) the charge
starts to burn near TDC. For ND mode, the two peaks before the main heat release represent
the burn of pre and pilot injection, normally used to warm air for the main combustion process.
In the 80% substitution, the huge amount of methane starts to burn along with pilot injection.
In Figure 24, we can notice that the amount of heat release is shifted to the TDC, the 50% of
the total in case of only Diesel is 22,6° ATDC, for the 80% DF is 16.4° ATDC. This is due to

the phenomena described above.

The third peak of heat release is related to the main injection, in the 80% substitution, it is
quite small because of the reduction in main injection quantity. In other words, when a lean
mixture of NG is introduced within the cylinder, the fist two peaks of AHRR increase at the
expense of the third one (it can be better noted in Figure 24 observing integral heat release
rate). The rise of the pack release near pilot and pre injection is easily explained because these
injections are performed in a gas with a premixed methane, which can ignite when diesel oil
starts to burn. The larger is the amount of NG in the premixed charge, the larger is the amount

of the heat released®.
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Cylinder pressure comparison
—100% diesel ———-27% diesel +32% methane ——-46% diesel +55% methane ——-60% diesel +66% methane ——-80% diesel +93% methane
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Figure 22 In cylinder pressure traces

In Figure 23 it is evident that maximum heat release peak drops when the amount of NG
increases. This parameter is directly related to pressure gradient, this fact leads to a decrease
in engine noise and vibrations. Another interesting thing regarding pressure traced in Figure
22, is the slight reduction of pressure in the compression for all DF cases This evidence can
be explained by the higher heat capacity of the mixed air with NG in comparison to pure air,

so the polytropic index decreases.
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Figure 23 Apparent rate of heat release
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To assess the complete combustion of the fuel injected, a reference is made to combustion

efficiency ( n ¢) calculated with the formula reported below:

HC 16 O 28 .
(Pa - 105 29 Mair LHVxG10% — T35 55 Ty LHVgo10° )
Ne = 5 100

(3.7)
Where :

e P, =myg - LHVyg + mp - LHVp is the introduced power in [kW]
e 1y IS he Methane mass flow rate in [g/s]

e LHVy¢ is the low heating value of NG [MJ/kg]

e 1y is the masso flow rate of Diesel oil in [g/s]

e LHVj is the low heating value of Diesel oil [MJ/kg]

e LHV(is the low heating value of Carbon monoxide [MJ/kg]

e HC is the concentration of NG equivalent unburnt hydrocarbons in [ppmn]

° g is the ratio between Methane molar mass and standard air

e 1, isthe mass flow rate of the air in [g/s]

e (O is the concentration of carbon monoxide in [ppm]

. g is the ratio between Molar mass of CO to Air

This equation does not contain the contribution of hydrogen which could not be measured
during the tests. Despite this approximation, combustion efficiency should be reliable at least

in relative comparative.

In Figure 25 and Figure 26 respectively combustion efficiency and global efficiency

comparison in all cases not optimized are reported, adding two new points:

e -60% Diesel +57% NG
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e -80% Diesel +74% NG

These two points derive from the optimization of the injection strategy in “-60% Diesel fuel
+66% NG” and “—80% Diesel fuel +93% NG.

Table 8 shows the main calibration parameters changes:

SOl main | Rail pressure | Boost pressure
Engine Load
[° AFTDC] [bar] [bar]
-60% Diesel fuel +66% NG 0.0 800 1.8
-60% Diesel fuel +57% NG -6.0 850 1.8
-80% Diesel fuel +93% NG -1.0 750 1.8
-80% Diesel fuel +74% NG -6.0 1050 1.4

Table 8 Main calibration parameters for two different points
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Figure 25 Combustion efficiency comparison
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Figure 26 Global efficiency comparison

In order to improve performance, as shown in Table 8, for dual fuel operation mode, the
increase of rail pressure and the advance of SOI (start of injection) have been changed, along
with boost pressure, so as to recover combustion efficiency, because reactivity is directly

related to air to NG ratio.

The enhancement in terms of BTE is shown in Figure 26, this result was expected because
premixed combustion maintains the same compression ratio (CR) of the engine have better
indicated efficiency because of the combustion speed. Furthermore, the optimization
contributes to reduce HC emissions, this is due mainly to injection advance, which takes into

consideration the increase on ignition retard in lean mixtures.

Figure 25 shows the combustion efficiency for the whole cases, the worsening of combustion
pass from ND mode to “—80% Diesel fuel +93% NG” DF case, the combustion efficiency

decreases from 99.8% to 96.8%. This behavior was also expected because high reactivity fuel

is substituted with a low reactivity lean premixed fuel; however the optimization process
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allows to recover some efficiency percentage point; e.g. from case “—80% Diesel fuel +93%

NG” to case “—80% Diesel fuel +74% NG” improve 7 ¢ of 1,5%.

The increasing injection pressure up to 1050 bar leads to have better fuel atomization and
mixing, this fact leads to start combustion process quickly and it involves a larger amount of

pre-charge.

Figure 25 shows decrease in Brake thermal efficiency, in particular in all cases except -60%
Diesel +57% and -80 Diesel +74%. With the specific calibration activity, the BTE, in the two
optimized points rises up to 36,4% and 37,5% respectively. In ND mode the BTE measured
is 35%.

@ CO " HC mcCo2
1000,0 40

- 35
- 30
- 25
- 10
L5
. -0

-27% Diesel fuel -46% Diesel fuel -60% Diesel fuel -60% Diesel fuel -80% Diesel fuel -80% Diesel fuel
+32% NG +55% NG +66% NG +57% NG +93% NG +74% NG

100,0

€02 [ke/h]

CO, HC [g/h]

=
(L]

10,0

1,0

Figure 27 CO, HC, CO, comparison
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Figure 28 NOx, Soot emission comparison

The emissions analysis introduce further considerations to better understand the previously

trends showed above in terms of BTE.

In Figure 27 CO, CO2, HC emissions are reported for the whole DF operation points. The
evidence is a huge increase of CO and HC emissions, of about one order of magnitude. This
fact was expected, and this trend is more evident the higher the rate of substitution in terms of
DF is. This fact is mainly due to the very low flame propagation especially in lean premixed
charge. This trend is confirmed by 34. Furthermore, as diesel fuel is reduced it is more difficult

to ignite the NG charge, because of the hot spot generated in Diesel fuel combustion.

On the other hand, a decrease in CO> is observed, which is mainly due to the different Carbon-
to-Hydrogen ratio of the charge composition. As diesel oil decreases into the charge the ratio
lowers; furthermore, the other effect is the increase of BTE, energy conversion is obviously
directly correlated. In the two calibrated DF points, the maximum reduction is equal to 30%,

obviously this advantage is reduced if a catalyst is added in the aftertreatment system because
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the conversion of the HC and CO (higher than ND mode, as described above) increases CO>

production.

Figure 28 shows a decrease in NOx emissions running in DF mode without optimization.
Unfortunately, after the optimization of the operation points the advantage is canceled, and a
small increase is observed. Without any calibration, in Figure 23, it is possible to observe that
the peak after the TDC in terms of released rate of heat is quite similar in DF in comparison
to ND This leads to reduce maximum temperature and, hence, formation of NOXx. This effect

Is compensated by the advance of the main injection timing.

In terms of Soot emissions reported in Figure 28, as expected, these emissions decrease as the
rate of substitution increases. The difference is about 50%, comparing ND to DF -80%

optimized. Furthermore, NG do not contain PAH , this leads to decrease Soot formation.

Here below, the comparison of the two optimized operation points in terms of in Cylinder

pressure, Heat release rate, and injection strategy is reported.
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Figure 29 In-cylinder pressure traces
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Figure 31 Injected volume
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Figure 33 In-cylinder pressure traces, apparent heat release

94

25

AHRR [J/°]



Injection rate [m/s]

1600

1200 -

800 -

Apparent Heat Release [J]

400 -

N

= =-80% Diesel fuel +93% NG

===_80% Diesel fuel +74% NG

0 T T -t f T ‘ T T T
-30 -20 -10 0 10 20 30 40 50 60 70
Crank Angle [° ATDC]
Figure 34 Apparent integral heat release
600
- N
= ==_80% Diesel fuel +93% NG
——_80% Diesel fuel +74% NG
400
200
!
:’ '
0
-25 -20 -15 10 15 20

Crank Angle [° ATDC]

Figure 35 Injection rate and timing
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Figure 36 Injected volume

The second operation point corresponding to the higher investigated load (BMEP = 12 bar
and 265 Nm) is now discussed.

The first analysis is made comparing in-cylinder pressure traces reported in Figure 37.
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Cylinder pressure comparison
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Figure 37 In cylinder pressure traces not optimized points

In Figure 38, the AHRR is reported, we may notice the presence of three peaks for each curve.
However, in this case, at high loads the damping of the third peak is observed only in two
cases (-60% Diesel fuel +63% NG and -80% Diesel fuel +75% NG. Having a look at Figure
37, dual fuel cases tends to be lower than Diesel operations. Only at the maximum rate of
distribution, an increment in cylinder pressure is shown. Observing heat release for this case,
we can notice a peak of heat release near 20° ATDC (Figure 38); the heat release in this case
IS quite in advance in comparison to 100% diesel oil. This behavior has bene already seen in
the previous case (Figure 23).
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Comparison of AHRR (dQb/dteta)
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Figure 38 Apparent heat release rate

In Figure 39 and Figure 40 a comparison between BTE and Combustion efficiency is shown
for all the cases of substitution analyzed and also optimized cases. As already observed for
the previous case, a decrease in terms of combustion efficiency is observed when Diesel
substitution rate increases, even though this drop is smaller than the previous case at BMEP=
8 bar. The difference may be due to the higher engine load; in this DF operation, therefore,
the air-to-NG ratio decreases, making the premixed charge more reactive. Furthermore, an

increase in combustion efficiency is measured in “-60% Diesel fuel +63% NG” to case “—

60% Diesel fuel +52% NG, 1s 0.3% (from 98.3% to 98.6%, respectively).

The main advantages in terms of BTE are plotted in Figure 40, for all cases including

optimized ones. The trend observed in the previous optimized case BMEP = 8 bar is confirmed

at high loads. In particular “ — 60% Diesel fuel +63% NG” to case “ — 60% Diesel fuel +52%

NG,” the improvement of BTE is 3.9% (from 35.3% to 39.2%). Furthermore, in “—80%

98



Diesel fuel +75% NG” an improvement of BTE is observed without any modification of the

injection strategy.
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The pollutant emissions measured with the analyzer are reported respectively in Figure 41and
Figure 42. Regarding Figure 41, CO, emissions slightly decrease as the NG percentage
increases. This evidence confirms previous analysis performed at 8 Bar of BMEP. This further
evidence contributes to affirm the lower impact of the DF combustion in comparison to Diesel
combustion. As already seen before, when the rates of distribution are small the advantage
disappears.. The difference measured in -28% Diesel fuel +30% NG is comparable to the

uncertainty of the instrument, so it is not a accurate measure.

Only “=60% Diesel fuel +52% NG” DF is divergent in comparison to the other analyzed
cases. This fact can be explained by the oxidation of a larger amount of CO, after optimization
of the injection strategy. In Figure 42 the reduction in NOx emissions can be observed, when
the engine is operating in DF mode (the maximum reduction percentage is up to 50)%. When
the optimization of the strategy is performed, this advantage decreases, in line with the results
already discussed above. In Figure 43, Figure 44, Figure 45, reported here below, we can see

the results of the optimization.
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Figure 43 In cylinder pressure traces, apparent heat release
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In Figure 44 and Figure 45 it can be observed that the optimization of the injection strategy,
in terms of ignition advance, shifts the main release of the combustion toward the TDC. This
fact leads to increase maximum peak of pressure and hence temperature, Figure 43. NOX
emissions can increase ,Figure 42, conversely, HC and CO emissions decrease according to
improvements observed in combustion efficiency (Figure 39, Figure 41). This result is
evidence of a strong link between HC/CO emissions and NOx emissions: as the formers
increase, the latters decrease, and vice versa. Soot emissions reported in Figure 42 according
to the previous analysis performed at BEMP = 8 bar are strongly reduced, especially in the
optimized case, the rate of decrease is over 50% regarding “—80% Diesel fuel +75% NG” in
comparison to ND. This evidence demonstrates another advantage when DF mode is applied

to a ND engine.
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3.9 Application to gen-set

The results of this experimental campaign are addressed to develop an engine for electric
generation (gen-set), near 80 kw @3000 rpm, as already explained in the first section. The
maximum BMEP required in order to reach power target is 12 bar, the partial load considered
is set at 75% of the whole power (BMEP= 8 bar). Low loads remain of less interest especially
for DF operations, because of the efficiency of the ND engine in terms of BTE and pollutant

emissions.

Table 9 reports the operation point selected.

BMEP = 8 bar, 60 kW BMEP =12 bar, 80 kW
—80% Diesel fuel +74% NG —80% Diesel fuel +75% NG

Table 9 Selected operation points for Gen-set

These two operation points correspond to the maximum substitution rate in diesel oil with a
complete combustion. The amount of energy provided by diesel at high and medium load is
about 20%.

Brake power = 60 kW Brake power =80 kW
ND DF Diff [%] ND DF Diff [%]
CO2 [g/kwh] 667 483 -38 719 500 -44
PM [mg/kWh] 45 13.3 -238 375 12.5 -200
NOXx [g/kwh] | 3.33 3.33 0 4.75 3.25 -46
CO [g/kWh] 0.67 0.25* -167 0.38 0.38* 0
HC [g/kWh] 0.22 0.17* -30 0.16 0.15* -8

Table 10 Specific emissions for the Gen-set

*HC and CO are calculated after the catalyst.
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In Table 10, specific exhaust emissions for each pollutant are reported, compared to diesel
engine. As already mentioned, CO. and Soot emissions decrease as expected and a NOx
emission decrease can be observed only at high loads. In percentage, CO- best reduction is
near 44% and Soot is 238%. Conversely, CO and HC emissions in terms of engine-out
emissions increase (as expected). However, supposing to adopt a three-way catalyst with a
95% efficiency for CO and 90% for HC, the obtained result is a strong reduction comparable

to ND cases.
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3.10 Numerical Validation and investigation

After the experimental campaign the second part of the activity has been focused on CFD 3D
calculation. In order to further investigate dual fuel combustion without the only support of
the experimental data, it is necessary to adopt CFD simulation. The first part of the campaign
regards the numerical validation of the CFD model. As already mentioned, the software
adopted for this calculation campaign is Kiva-3V code. In the table below, the main models
and sub models implemented in the code are reported. It is important to underline that the
adopted version is a custom version of the code implemented with Chalmers University with
Unimore 4. This study is a preliminary approach to the investigation of this combustion

phenomena in ICE, this is intend as basis for further investigations.

Turbulence Model RNG k-& model
Breakup model Hybrid KH-RT model
Droplet collision model Droplet trajectories
Combustion PaSR coupled with chemical kinetics
Flame Propagation TFC / Premix code for aspirated fuel
Fuel Composition Natural Gas / Diesel Oil Surrogate

Table 11 Kiva 3V main models

The computational grid has been created with the adoption of the pre processor K3prep ,
included in Kiva code. The engine has an axisymmetric geometry, so a 60° sector mesh is
considered, also because the injector has 6 holes. The geometry is largely simplified,
nevertheless, the differences reported in calculation for standard diesel engine vs experimental
data are very few. This leads to assume that the simplified geometry introduces a small

uncertainty comparable to measurement uncertainties.
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Figure 46 Computational grid at TDC

The computational grid is reported in Figure 46, the mean dimension of the cells is near to
0,5-1,0 mm, the grid consists of 100.000 cells at BDC and 25.000 at TDC . The grid has been
built up adopting criteria validated in previous analysis and taken as best practice. These
criteria guarantee a good compromise with computational effort and good agreement with

experimental data.

Initial boundary condition of the simulations derive from experimental results, for the flow
field, previous calculation has been performed®. The Natural gas is composed by Methane
95%, propane 4% and nitrogen 1%; Diesel oil is represented by the DOS model, where the
liquid properties are the same of the real fuel while fuel vapor is a blend of n-heptane and

toluene. The combustion mechanism is composed by 81 chemical species and 41 reactions.

In the figure below, for the seek of clarity, there is a summary of the operation points
previously tested and optimized ( as already seen in the previous sections of this chapter); in
terms of the ratio of energy provided by diesel (XD) and Natural gas (XNG).
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Figure 47 Operation points, optimized @3000 RPM BMEP=12 BAR

In order to get a good accuracy of the model in terms of robustness, for predictability it is
necessary to calibrate the model with several experimental data. Obviously, data provided by
the experimental campaign are mainly in cylinder pressure trace and rate of heat release. This
last one can be calculated starting from the first thermodynamic law. The ROHR calculation
is affected by errors because of thermal exchanges passing through the burnt gases and water
jacket. This consideration allows to say that ROHR can not be an absolute reference for CFD
calculation campaign. The purpose is to adopt parameters which can be directly measured; in

this scenario, we refer to exhaust-gas concentration such as NOx, CO, CO. and HC.

The main calibration of the model consists in finding a setting in terms of injection curves(rail

pressure, start of injection, timing etc.) and of Diesel fuel atomization.

Below in Figure 48 and Figure 49 a comparison between the results of the experimental
campaign and the result of the CFD simulation campaign is made after the calibration process

of the model.

In terms of agreement, the result of the campaign is satisfactory, for all cases analyzed, which

leads to the robustness of the model.
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Figure 48 CFD model validation
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Furthermore, a comparison between exhaust emissions is made:
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Figure 51 Predicted Soot emissions
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In Figure 50 and Figure 51 the results in terms of comparison between CFD simulations and
experimental data are reported. Generally speaking, there is a good agreement between the
experimental data versus calculations. In particular, CFD model tends to overestimate NOx
emissions, but the trend calculated by simulations follows the increment seen in experimental
data. On the one hand, this result is particularly interesting in order to estimate a trend for

NOx emissions; on the other hand, the absolute value can not be adopted for a good prediction.

The same results can be observed in HC emissions but, in this particular pollutant, there is an

important uncertainty, near +/- 10% of the measurement instrument.

However, regarding CO, HC emissions, predicted trends are in line with the trend measured
in the experimental campaign, as expected®?. Even in these cases the absolute value is affected
by calculation errors, the trend is significantly followed, in order to predict pollutant emissions
trend as function of NG substitution rate.

Soot emissions are only considered by CFD predictions, because of the uncertainty of the
opacimeter used for the experimental campaign. However, soot emissions predicted by
calculations decrease as the substitution rate of the NG increases. This result trend is in line

with the measurements made by the opacimeter®’.

After the validation of the CFD model described above, the model has been used in order to
investigate the influence of the injection strategy in terms of performances and emissions, in

order to find some guidelines for the development of these typical dual fuel engines®.

In particular, two different variations of the original injection law are investigated, considering
two cases at medium substitution rate i.e. NG52. The first modification regards pre and pilot
injection alternatively turned off, and the energizing time of the main injection, which is
proportionally increased, in order to maintain the same fuel mass injected. Furthermore, the
timing of the main injection is shifted with a 2 CAD steps forward and backward.

In the next figures, the results of the CFD simulation campaign are reported.
Legend:

e Inj 111 (red lines): pre, pilot and main injections

112



Inj 001 (green lines): main injection
Inj 011 (blue lines): pilot and main injections

e Inj 101 (yellow lines): pre and main injections
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Figure 52 In cylinder pressure ROHR and mean temperature
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Figure 53 Soot emission and IMEP comparison

In Figure 52, Figure 53, Figure 54, Figure 55 the simulations campaign results are reported
in terms of the following indicated parameters: in-cylinder pressure, temperature ROHR,Gros

IMEP, and also pollutant emissions.

Looking at the figures, the elimination of pre and pilot injection does not affect in-cylinder
pressure and, in particular, maximum peak reached during the combustion The only notable
difference is observed in the first part of the combustion regarding the ROHR graph, where
there is a small heat release in case of pilot and pre injections. Conversely, turning off these
injections, the peak is not present anymore. Therefore, this difference does not affect the

process unless pilot and pre injections turned on, which leads to a quite small heat release.

Another difference when pre and pilot is turned off is represented by a small increment of
NOx and CO emissions and a small increment of IMEP. Meanwhile, a bigger increment is

registered in CO and Soot emissions.
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Figure 55 Soot emission and IMEP comparison

Obviously, the delay or the advance of the main injection has a not negligible impact in
maximum pressure traces. With a span of + 2 CAD, the maximum peak of pressure slightly
increases, about 10 BAR delta. Furthermore, the IMEP increases about 2%. The injection
timing affects the in-cylinder temperature, thus NOx emissions decreases if injection is

delayed!®°.

No difference is observed in CO, CO2 and HC emission when the injection is shifted.
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3.11 Conclusions

The study presents the result of an experimental campaign carried out on a four stroke light
weight common rail 2.8 turbocharged EURO 1V diesel engine. The goal of this research
activity is the implementation of a DF system with minimal intervention on the Injection
hardware. The modified engine can reach power target imposed by preliminary constraints
(80 kW @ 3000 rpm). The study is focused on the main operation points for electrical
generation (i.e. 100% and 75% load), respectively 12 and 8 bar of BMEP. For each point, the
start condition was the ND; the Dual fuel mode is obtained by substituting diesel with natural
gas. In order to run in DF mode an optimization of the injection strategy was performed, as
far as injection timing, boost pressure, injection pressure are concerned . The campaign

provides some final considerations:

e Without a specific calibration, it is not possible to run DF mode with high substitution
of diesel oil, with high BTE and low HC and CO emissions. Conversely, in this case,
Soot and NOx emission are always low, while CO> tends to decrease.

e |f the substitution rate remains the same BTE, HC and CO emissions tend to decrease
if load increases.

e Specific calibration of the strategy increases Combustion efficiency, this leads to an
increase BTE with advantages in terms of CO, emissions.

e The calibration also reduces HC and CO emissions, this is due to the higher
combustion efficiency. Conversely NOx emissions may increase, but they remain
comparable to ND mode.

e At low loads, it is not convenient to run DF mode, because HC and CO increase for
the slow combustion speed due to the high air-to-NG ratio. This result may be reduced
adopting a throttle valve in the intake manifold, but a further investigation is necessary
in order to assess if the advantages in combustion can compensate intake pressure

drop.
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For the Gen-Set development DF operation points taken into consideration are 8 and 12 bar
in terms of BMEP. At low loads the generator run in ND mode. With this configuration, there

are some advantages in comparison to ND mode:

e The diesel fuel is strongly reduced ( 80%)
e COq2is reduced up to 44%

e NOKX is reduce up to 46%

e Soot is reduced up to 238%

e Can be compliant to Stage V pollutant emissions regulation for Gen-Set

However, the development of Dual Fuel Natural gas engine requires a specific aftertreatment
system (3-way catalyst), and a new calibration of injection parameters. From the engine point
of view, there are few modifications for the implementation of the Gas injection system and
control (injectors, piping, pressure regulators, ecu, can communication, fuel tank). In
comparison to market gen-set, this solution is lighter and more compact, the displacement is
about a half, without any significant drawbacks in terms of costs and durability (high value in

terms of piston speed, but lower BMEP).

In conclusion, the conversion of an high speed diesel engine into Dual Fuel Natural Gas engine
can be a very promising and easy to run solution; this leads to reducing environmental impact

of Gen-set maintaining same standard in terms of reliability, efficiency and costs.

After the first experimental study, a numerical validation has been performed in order to
investigate how main injections parameters affect the combustion process in terms of heat
release maximum pressure peak and Pollutant emissions. The main results of the study may

be reduced to some observations:

e Pre and Pilot injection does not affect combustion process, they can make heat release
smoother, but with a not significant increment in maximum peak of pressure.

e Turning on pre and pilot injections may lead to a slightly increase of IMEP, NOx and
CO2 but not significantly. Conversely, CO and Soot emissions increase.

e Delaying or advancing significantly injection affects maximum peak of pressure

e SOl affect mean in-cylinder temperature, in case of retard can decrease NOx emissions
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4 Experimental investigation on an engine running in
RCCI combustion

4.1 Introduction

As described in the previous chapter, the LTC (low temperature combustion) can be a
practicable way to reach euro 6 emission target. In chapter 5, we investigate some guidelines
for a dual fuel Diesel Natural Gas engine. In this chapter, we investigate the potential of a dual
fuel Diesel — Gasoline engine. In this case, the dual fuel mode is different from the previous
case. The most spread technique in LTC is the HCCI (homogenous compression charge
ignition), where a lean mixture of gasoline or diesel are diluted in air and EGR, during the
compression phase the pressure and temperature rise up to ignite the charge. In this case, no
flame front is generated; the process is a controlled “knock” combustion. Nevertheless, this
process is difficult to control, especially in transient mode and with high loads, because the
cycle-to-cycle variations lead not to have precision in charge auto-ignition timing.
Furthermore, high loads are not possible because of noise and mechanical loads; raw

combustion tends to increase maximum peak of pressure into cylinder.

Conversely, this combustion concepts permits less NOx emissions, Soot, and COg, if an

optimization is made for specific DF combustion“C.

An alternative is to inject directly a small amount of a high reactive fuel (diesel), as already
seen in chapter 5. This HCCI (homogenous compression charge ignition) technique leads to
several advantages because this modification has the effect to create a tight correlation

between the late fuel injection and the auto-ignition process:

e Improve controllability of the combustion process

e Reduce CO and HC emissions
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In literature, this combustion strategy is named in many different ways, the most used are
reported as it follows 4146

e Premixed Charge Compression Ignition (PCCI) combustion
e Partial Fuel Stratification (PFS) combustion
e Partially Premixed Combustion (PPC)

e Partially Premixed Compression Ignition (PPCI) combustion

This experimental research activity is focused in the development of a dual fuel Diesel oil
Gasoline. The low reactivity fuel is premixed with a modification of the engine by a Port fuel
injection system driven by a custom control unit. The main advantages are the control of the
reactivity of the premixed charge with the air-to-gasoline ratio. As a result, a more controllable
combustion process and, consequently, a wider operating range can be obtained, along with
higher Brake Thermal Efficiency (BTE) and low NOx and soot emissions #4748 The
experimental activity has been carried out without using external EGR, in order to identify the
upper threshold beyond which Diesel injection is no longer sufficient to obtain a regular RCCI

combustion®.
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4.2 Engine setup

The engine used for this experimental campaign is the same chosen for the Dual Fuel Gen-Set
described in the previous chapter. For the seek of clarity, the engine is a four cylinder diesel
directly injected common rail Euro IV diesel engine. The main features are reported in Table
3. The experimental setup of the engine at the test bench is similar to the one adopted for the
DF NG engine. The differences in this case regard the gasoline injection system and the

controller. In addition, the test bench is the same used before.

The engine has to be modified in order to run in RCCI combustion. The main modifications
of the engine obviously regard the injection system. In order to have a homogenous premixed
charge (the study does not aim at investigating mixture formation), gasoline injectors are
placed just before the intercooler.

Installed injectors are common commercial PFI injectors reported in Figure 56.

Figure 56 common PFI injector

This injectors can run only with quite low injection pressure (near 4 bars). In order not to run
into mixing problems due to the low injection pressure, the injectors are far from the intake
ducts. This position can not be adopted in a commercial automotive engines because of the

slow response in terms of load variation which may cause lambda oscillation. This
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phenomenon is not acceptable because three-way catalyst can only work in stoichiometric
conditions, high oscillation in lambda value lead to damage the component.

However, in comparison to the NG injectors that inject gas fuel, PFI gasoline injectors inject
a liquid fuel, in this case it is fundamental to orient injectors towards the air mass flow
predominant direction. This characteristic is required in order to prevent liquid fuel formation
in the intake manifold. Fuel film can act as disturbance in air-to-fuel ratio cycle to cycle

control.

In order to consider this constraint, a specific spray duct is designed using a free CAD software
and realized in rapid prototyping with a FDM printer. The result is reported in Figure 57,
Figure 58.

Figure 57 PFI injector manifold detail 1
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Figure 58 PFI injector manifold detail 2

PFI injectors are tilted 30° towards the main pipe direction and also tilted into perpendicular
at the same direction (20°). The second tilt is used to generate a small swirl in the injection
pattern in order to ensure a better vaporization and to avoid fuel film generation. Four injectors
are used in order to provide the right amount of gasoline. This configuration is equal to a
single point injector system, the number of 4 injectors has been chosen because the droplet

dimensions decreasing. This fact lead to increase evaporation fuel flow rate.

Injector flow rate is reported in Figure 59:

Injector flow rate

600

400

Injection rate [cm*/min)

200

Pressure [bar]

Figure 59 Injector flow rate
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As already mentioned in the previous chapter the engine is controlled by a Develop ECU
driven by ETAS INCA calibration software. As far as the PFI injection is concerned, it is
controlled by “Drivven” control system. This system is a lab view base flexible ECU; this
hardware is modular and can fit many requirements: e.g. drive direct injectors , throttle body,
hall sensors, phonic wheels, pfi injectors, egr valve , etc.). In this case, the PFI injector module

and the crank position sensor are used in order to get right timing injection.

In Figure 60, the Drivven system is reported.

Figure 60 NI Drivven control system cabinet

Drivven system is driven by a specific software provided by NI, called SCM. With this
instrument it can be possible to program custom algorithm for injection strategy In other
words, it is a rapid prototyping software for injection control. In this study, an injection timing

is calibrated and the energizing time of the injectors is controlled according to engine loads.
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4.3Experimental setup

The activity is focused in the study of two operating points both at 1500 rpm. The operation
point chosen for the activity are reported below:

Engine load Engine speed [rpm]
150 Nm BMEP =6,75 bar 1500
300 Nm BMEP = 13.5 bar 1500

Table 12 engine operation points

At each engine load, the activity starts from ND (Normal diesel) mode, the RCCI mode is
built up replacing Diesel oil mass flow rate with gasoline flow rate, maintaining the same
engine load, using two closed loop PI controllers: one for targeting engine torque, the second
for engine speed. The first controller actuate pedal position, the second the eddy current brake
torque by the current flow into the solenoid of the dynamometer. In order to make the system
stable, it is necessary to set on of the two controller slower than the other , because if the two

control speeds are the same a torque oscillation can occur.

Acting to the throttle pedal position, in order to take torque constant when adding gasoline,
generates some side effects because changing operation point in the ECU controller may lead

to change several parameters such as injection timing strategy, boost pressure etc. .

Therefore, in order to assess equivalent conditions switching from ND to RCCI, the EGR

valve is kept closed and the boost pressure is kept constant.

The rate of substitution gradually increases, point by point. In Table 13, all the experimental

points investigated are reported.

In order to compare different cases, itis necessary to define some indices:
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mD,RCCI
XDiesel fuel [%] = ( .
Mp,cp

The percentage of substitution is :

XDiesel fuel [%] — 100

-100

(4.1)

(4.2)

Similar to the diesel fraction, the gasoline fraction of energy in comparison to the total amount

in the ND mode:

XGasoline [%] = <mD iy LHVD

TilG * LHVG

)-100

(4.3)

1500 rpm- 150 Nm

1500 rpm 300 Nm

Original injection law

Modified injection law

Original injection law

ND

ND

ND

-16.9% Diesel oil
+25% gasoline

-27.6% Diesel oil
+26.4% gasoline

-14% Diesel oil
+17.2% gasoline

-24.6% Diesel oil

+36.8% gasoline

-37.6% Diesel oil
+38.8% gasoline

-18.5% Diesel oil

+22.8% gasoline

-42.8% Diesel oil
+42.7% gasoline

-62.1% Diesel oil
+59.3% gasoline

-30% Diesel oil

+33.5% gasoline

-73.4% Diesel oil

+71.6% gasoline

Table 13 Experimental campaign operation points
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4.4 Experimental Result

In this paragraph, the analysis of the results obtained comparing ND to RCCI mode are
presented for each considered operation point. The main comparison is made with the analysis
of the in cylinder pressure traces, mass fraction burned, ROHR (rate of heat release), and

Brake thermal efficiency.

e 1500 rpm 150 Nm
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Figure 61 In-cylinder pressure traces
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Figure 62 Rate of heat release
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Figure 63 Mass fraction Burned
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Figure 64 BTE comparison

By increasing diesel flow rate with gasoline, the peak of heat release during the main injection
decreases, which is expected because decreasing gas pedal position mainly acts in the main
injection energizing time (Figure 62). Regarding the same figure, it can be noticed that the
heat release increases when pre-injection is injected, the premixed air-to gasoline premixed
charge may burn when the pre injection ignites. The grater is the substitution in terms of

gasoline, the greater is the peak of heat release observed near the TDC.

Analyzing Figure 61, the maximum peak of pressure increases as the substitution rate
increases. This is due to the peak of heat release and to the burn of the premixed charge during
pre-injection. Globally, the heat release is shifted toward top death center (Figure 63). As a

result, in-cylinder pressure increases.

Looking at Figure 64, RCCI mode with low substitution rate of gasoline -24,6% Diesel oil

+36,8 % Gasoline and -16% Diesel oil +25% Gasoline, may register a decrease in terms of
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Brake thermal efficiency. This worsening is mainly due to not having optimized the
calibration in terms of injection strategy.

On the other hand, at high Diesel substitutions -42,8% Diesel oil +42,7 % Gasoline even
without optimization, it registers an increase of less 2% of BTE.

The main reason is the faster combustion observed in the heat release ratio. The faster the

combustion is, the higher the indicated efficiency results.

After this first run, a specific campaign has been made in order to optimize injection
parameters and to increase rate of substitution and BTE improvements. The obtained results

are reported here below, from Figure 65 to Figure 68:
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Figure 65 In-cylinder pressure traces optimized Cases
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Figure 66 Rate of heat release optimized Cases
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Figure 67 Mass fraction Burned optimized Cases
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Figure 68 BTE Comparison optimized Cases

The calibration process optimize injection timing and the numbers of shots, injection amount
and injection pressure. In particular, the main difference is the absence of pilot and pre
injections, at the same time the advance of the main injection increases, and also the injection

pressure.

It is important to underline that the higher is the substitution of diesel, the lower is the optimum
injection advance, in order to get a faster and complete combustion, without obtaining an
excessive increase in maximum cylinder pressure peak. As a result, of this modification in the
injection strategy BTE increases up to 4% in comparison to normal diesel operation. As
already seen before, this behavior becomes more evident as the substitution rate increases.
This means that, at values of BMEP below 7 bars, the reduction of soot due to the substitution
of Diesel fuel may be associated also to an improvement of fuel efficiency, thus of CO2

emissions.
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The second operation point investigated is now considered; the results in terms of in cylinder
pressure, rate of heat release, mass fraction burned and brake thermal efficiency are reported

from Figure 69 to Figure 72.

The engine load for this point is 300 Nm @ 1500 rpm according to Table 1.At high loads it
has been observed that the charge starts to auto-ignite before the injection of diesel fuel. This
results correspond to a fast heat release Figure 70, this is due mainly to the high temperature
and pressure into the charge. The chemical reaction in this environment are speeded up. The
higher is the Diesel substitution rate, the richer is the air-gasoline homogenous mixture. The
conversion from ND to RCCI mode in this case cause a worsening in terms of BTE Figure 72.
In an attempt to avoid auto-ignition of the premixed air-gasoline mixture, the Diesel injection
advance has been increased. BTE improves, but at the cost of a strong increase of peak in-
cylinder pressure and combustion noise. This evidence demonstrates the importance of EGR,
that plays a key role in RCCI combustion mode, and more in general in LTC, since it

guarantees a much better control of ignition timing and ROHR.
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Figure 69 In cylinder pressure High loads
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4.5 Conclusions

The focus of this research activity is to investigate RCCI combustion, where gasoline is the
low reactivity fuel and diesel oil is the high reactivity fuel. In order to investigate the process,
a modified light duty turbocharged euro 4 diesel engine has been chosen. The experimental
campaign is focused on two operating points, at the same engine speed with two different
engine load 150 Nm and 300 Nm corresponding to 6.75 and 13.5 bar of BMEP. For each
point, several dual-fuel cases with different rates of substitution of diesel have been
investigated, and compared to the Diesel case. Furthermore, some RCCI cases have been
optimized in terms of injection strategy, in order to find some general guidelines for the RCCI

combustion development.

The main result is found at medium loads, the substitution of diesel oil with gasoline without
the adoption of EGR and any specific calibration results in a slightly increase of the maximum
peak of in-cylinder pressure and a small decrease in terms of brake thermal efficiency. With
the aim of a calibration campaign concerning mainly the injection strategy, BTE has been
improved in comparison to the Diesel oil mode, without any drawbacks in terms of

combustion stability and in terms of maximum peak of in-cylinder pressure.

Conversely, at high loads, 300 Nm corresponding to 13.5 bar of BMEP, combustion control
becomes difficult, especially for the ignition control of the charge, which ignites before the
diesel oil injection strategy starts. Every intervention made on the injection strategy results
not to reduce ignition advance. This pre-ignition determines a huge increase in engine

maximum pressure and consequently an increase in terms of engine noise.

Taking this last result into consideration the usage of EGR at medium high loads becomes
mandatory in order to control the reactivity of the premixed charge and to avoid auto-ignition
of the charge. This last observation will be set as next step for future development activities,
with the main aim to investigate the role of EGR in RCCI combustion process.
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5 Design of a 2-stroke SI Hybrid engine for small aircraft

5.1 Introduction

Climate changes and environment pollution leads to increase global warming in an
irreversible way *°. Electrification of powertrains has spread a lot in the latest years, mostly in
automotive field. The aerospace sector is responsible of a large amount of pollutant emissions
and massive emissions of Carbon dioxide. This study is focused on the development of an
engine for light craft applications with a total power of 150 kW. For this power it is reasonable
to expect several advantages in the adoption of a Hybrid system.>*2, In a single propeller
aircraft, the hybrid parallel configuration seems to have several advantages in comparison to
series hybrid systems®. If the electric motor is in series with the ICE, in case of electric
failure, the engine can not be used as propeller. On the other hand, in parallel series layout the
aircraft can have a redundant power supply, this characteristic can be very useful in terms of
safety. Another advantage is represented by the possible reduction in terms of engine
displacement, because of the energy support of the EM (electric motor); the downsizing of the

engine leads to operate with a high efficiency during the flight.

Another advantage is represented by the capability to fly in electric mode for a longer time,
with less noise and less pollutant emissions, or with heavier payload, than a full electric

aircraft architecture®.

Thermal ICE has to be specifically designed for this particular application, in particular two-
stroke engine seems to be a possible option to be investigated. These types of engine are far
from novelty in light aircraft applications; unfortunately, the specific fuel consumption and
pollutant emissions are quite high in comparison to four stroke engines. Conversely, the
adoption of a hybrid powertrain involves the addition of several components (e.g. inverter,
electric motor, control unit, battery pack), and increase the weight and dimensions of the
whole vehicle. In this way, two-stroke engine can lead to reduce ICE total mass and

dimensions because less displacement is needed in order to reach power target in comparison
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to four-stroke engines. On the other hand a novel design is needed in order to improve
pollutant emission and engine BTE®,

The main aim of the project is to develop a novel type of two stroke Sl engine, with the
capability to match lightness, BTE and pollutant emissions requirements for this specific
application. The main features of the engine are showed in Table 14.

Displacement [cc] Weight [kg] Power [KW ] BSFC [g/kWh]
1100 60 110 @6000 rpm <260

Table 14 Two stroke engine design constraints

The research activity is focused in the development of the scavenging process and the design
of a proper direct injection system. The process is supported by several cfd 1d and 3d
simulations and CAD design of the whole engine, paying particular attention to intake port
design. The main goal of the design is to keep a fuel trap efficiency higher than 95%, with the
specific design of the injection system, and to avoid higher amount of internal EGR in order

to reach a good combustion process and to avoid misfire occurrences.

In literature, there are already some studies concerning light hybrid aircrafts 5 but, at this
time, there is no real application in the market of this engine field. Some other authors analyses
some Hybrid Electric Aircraft (HEA) concepts focusing on their feasibility, especially in term

of technological/economical readiness and complexity®’°8,

The first part of the project starts with the search for a reference engine. This reference is
found in BRP-Rotax 850 e-tech 2-stroke Sl engine. This engine has an excellent power-to-
weight ratio (121 kwW/42.2 kg) and some effective solutions for injection and scavenging
system. However, as already mentioned above, a specific design for this hybrid application is

mandatory, as described in 5%,
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Differently from rotax 850 e-tech, this engine is developed with a 4-stroke dry sump in order
to separate lubrication system from the combustion part of the engine. This characteristic

brings to adopt an external mechanical pump in order to supply air into the engine.

One of the main drawbacks of two-stroke engines, without poppet valves and loop scavenged,
is the amount of fresh charge lost into the exhaust ports during the scavenging process. In
order to assess high BTE, it is necessary to introduce a specific injection system that

minimizes the fuel amount lost through the exhaust.
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5.2 Engine design

The choice of the displacement of the engine derives from the limitations on the maximum
BMEP (= 10 bar) and the maximum engine speed (6000 rpm). The mean pressure has a strong
influence in thermal and mechanical load, obviously these two dependent parameters have
direct influence in engine weight, dimensions and mass. Considering the power output of 110
kW, the total displacement of the engine is set at 1100 [cc] Table 14.

As already mentioned before, the crankcase lubrication system is like a conventional four-
stroke dry sump. This technical specification avoids the adoption of an external supercharger.
The relatively low target of maximum BMEP and the consequent relative low scavenging
pressure, lead to choose a mechanical supercharger mechanically coupled to the engine by
means of a belt. This solution is preferred in comparison to a conventional positive
displacement supercharger, because of the compact dimensions, lower weight and higher

flexibility.

The scheme chosen for the engine is the in line three cylinder for the following reasons:

e Itis agood trade off in terms of unit displacement

e Instantaneous torque is quite smooth

e The exhaust system can be very light and efficient because the cylinders are joined
together (cross scavenging process)

e The overall dimensions are limited

The loop-scavenged system with piston-controlled ports is selected, the main reasons are:

e Absence of poppet valves (more lightness, less components, less weight)
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e Total absence of constraints in combustion chamber design (because of the absence of
poppet valves). This advantage can be useful in the development of jet ignition or
particular combustion concepts61,62.

e The flow field in loop scavenged engine is characterized by a high intensity of
turbulences in terms of tumble vortex, that strongly support fuel mixing, and increase
the combustion process in the turbulent phase

e With a high tumble vortex it is easy to implement stratified charge in comparison to
other scavenging process. The implementation of these combustion process is
fundamental to reduce charge enrichment at medium-high loads, mitigating the risk of
knocks (knock tendency is always possible in two-stroke engines for the high gas
temperature due to internal EGR).

The bore-to-stroke ratio in this kind of engine has to be close to 1; higher value tends to
decrease permeability, because discharge coefficient of the ports tends to decrease, while low
values drastically increase mean piston speed. Ports design has to be a compromise of two
requirements. On the one hand, large scavenge and exhaust ports are necessary to increase
permeability and decrease pumping losses; on the other hand, the cylinder liner may be
excessively weakened by these large ports. This trade-off is solved by the application of best
engineering practice which suggests a ratio between ports width and liner width of 0.8. The
scavenge ports should be less than 20% of the liner width in order to avoid damages of the

piston spring 5364,

The Blu spark engine is made of 5 scavenging ports and one main exhaust port with the
addition of two small ports, called boosters. The height of the ports is a key parameter in order
to reach power target in terms of torque and power. This parameter is calculated and optimized
by the support of several CFD 3D-1D calculations. The CFD 1D calculations provide also the

amount of air needed to reach power target and, consequently, the gear ratio of the compressor.

In addition, the exhaust system can be optimized too with these calculations. For this

component, several designs are compared before the final optimization:
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A. Separate single pipes with convergent and divergent parts.

B. Log manifold (single exhaust pipe, fed by a set of very short ducts coming from each
cylinder)

C. 3-in-1 manifold (three exhaust ducts of the same length joined to the terminal by a
junction)

D. log manifold with two terminals

In comparison, the solutions have different advantages and disadvantages. The first solution
leads to reach maximum power but it is very expensive and with big dimensions. The second
one is compact but it introduces differences in the scavenging process in each cylinder with
different amount of internal EGR. Solution C may minimize scavenging differences among
the cylinders. Solution D seems to be the best compromise in terms of scavenging efficiency,

performances, and packaging.

In Table 15, the main engine specifications after the first design process are reported.

Bore x Stroke [mm] 82 x 80.4
Number of cylinders 3
Compression ratio 11.6:1

Total displacement [cm3] 1243
Total Dry weight [kg] 50

Lubrication System Forced, dry sump
Dimensions LXHxXW [cm] 93x45x62

Air supply Mechanical Supercharger
(Rotrex C30-94), w/o charge

cooler

Table 15 Engine main specs.
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Figure 73 Blu spark engine: whole cad model

In Figure 73 the CAD design of the prototypal engine is reported. The exhaust system

obviously requires a silencer (not represented).

As already described in the first paragraph, the dry sump was preferred to the wet sump

because of dimensions, friction losses, more freedom for aircraft maneuvers.

The geometric detail of the scavenge ports especially for the intake ports are fundamental to
improve the quality of the scavenging process, the optimization is provided by a CFD 3D

simulation campaign.

The same tool has been employed to investigate injection solutions for mixture formation. The

alternative investigated are:

e High pressure direct injector HPDI
e Low pressure direct injection LPDI

e Low pressure semi direct injection LPSDI
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e Port injection

e A combination of semi-direct and direct injection

All these configurations obviously have pros and cons. HPDI can reach the best in terms of
fuel trapping efficiency at low medium speeds, at high loads and speeds the fuel evaporation
is difficult because the cycle time decreases while engine speeds increase. This evidence leads
to affirm that this injection system can work well only in some load conditions. For aircraft
usage, high loads do not suggest the application.®®. LPDI is a cheaper and compact system,
furthermore at high loads and high speeds the mixture of the fuel does not involve any
problems, as reported in literature %7, The only drawback is the heating of the tip of the
injectors, facing the cylinder and exposed for a short time to the high temperatures of the
combustion products. This injection system has been employed for several applications by the
University of Gratz 6, The overheating of the injection tip represents the main disadvantage.
The PFI system seems to be the best solution in terms of reliability and calibration process.
Furthermore, aircraft engine emissions are not regulated, so the increment of pollutant
emissions increased by the adoption of a PFI system does not generate any homologation
issue. In case of adoption of a three-way catalyst for further regulation limitations, the PFI
system must be changed because the amount of unburned HC in the exhaust system will
damage irreparably the CAT.

Taking these considerations into account, a composition of HPDI and LPDI seems to be the
best for this application in order to be compliant with current and maybe to further legislations.
The HPDI at high loads can reduce the amount of HC at exhaust outlet injecting fuel at exhaust

port closing into a lean premixed charge formed by the PFI system before intake ports.

In Table 16, a qualitative comparison of the possible injection systems with a number score
from 1 (poor) to 4 (excellent) are reported.

As already described above, the system chosen for the prototype is DIR+LPSDI because of
global score in comparison and in relation between the easier implementation in the first

engine prototype.
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HPDI LPDI LPSDI PFI DIR+ LPSDI
Fuel trapping 4 3 3 1 4
efficiency at WOT
Stratifying  of  the 3 2 2 1 4
charge
Homogenous  charge 2 3 3 4 4
formation
Wall impingement 2 4 3 2 4
Injector tip stress 4 1 3 4 3
Overall valuation 3 2,6 2,8 2,4 3,8

Table 16 Comparison of injection systems
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5.3 Methods

The design process, as already motioned in the introduction section, is performed by the
adoption of CFD 3D and 1D calculations and CAD design (for the scavenging system).The

first step of the project has been to build a model of the reference engine ROTAX 850 e-
Tech.

The first model is built by the adoption for GT-POWER CFD 1D software ( provided by
Gamma Technologies).

In Figure 74 the experimental validation of the CFD 1D model is reported. This model is
taken as a base for the first development of the BLU SPARK engine. Figure 75 reports a
comparison in terms of BSFC vs Snowmobile speed. The agreement is good and the model
can be adopted as basis for further development. The results obtained by these calculation
provides the boundary conditions information for the first CFD 3D calculation campaign, with

the aim at discovering some initial information in scavenging process.

Performance curves
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Figure 74 Numerical validation of the Rotax 850 cfd model
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Figure 75 BSFC validation

The first run of CFD 3D simulations are a simplified calculation of the scavenging process,
without any fuel injection. In particular, the fresh charge is assumed to be pure Oxygen and
the exhaust gases are assumed to be pure Nitrogen. In this way, adding initial boundary
conditions coming from CFD 1D calculation, it is possible to calculate the scavenging
process with high accuracy. In this way, an iterative approach is followed: if the mass charge
trapped at the exhaust port closing is not equal to the initial in cylinder mass, the pressure of

the initial condition changes accordingly.

The main operation condition taken into account is the maximum power at maximum engine
speed (6000 rpm). This is the most critical engine operating condition, especially for an
aircraft, because the short cycle duration leads to decrease injection timing, while fuel mass

flow is the maximum.

The result obtained by the campaign are used in three different ways:
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1. They provides a detailed insight of the flow through the ports and within the cylinder,
highlighting strengths and weaknesses of the current design; this information is employed
for fixing the most evident issues and for improving the system in general

2. The simulated scavenging process is used to generate a zero dimensional model which
globally describes the scavenging process in terms of efficiency

3. The mass flow rate in scavenging ports in the CFD 1D model are compared to the CFD
3D model and calibrated by adjusting flow discharge coefficient.

4. The scavenging process in terms of fresh charge mixed with the burned charge is

represented in a model (Scavenging curve) used as input in CFD 1 D model.

Regarding point 2 of the list above, the a-dimensional parameters are defined as:

Delivery ratio (DR): total amount of fresh charge passing through scavenging ports
divided by a reference mass (typically = Discplacement [cm?3] * air density[:%])

, density @20 °C and pressure 1 bar).

e Scavenging efficiency (SE): mass fraction of fresh charge trapped into cylinder @ a
given crank angle

e Charging efficiency (CE): mass of fresh charge trapped into the cylinder @ a given
angle divided by reference mass

e Trapping efficiency (TE): mass of fresh charge trapped into the cylinder @a given

angle divided by the delivered mass
In Figure 76, Figure 77, Figure 78 these parameters are plotted in function of delivery ratio.
It can be noticed that “EVO” configuration is slightly better then “base” design, it yields a
higher permeability, due to the higher delivery ratio obtained with the same differential
pressure. This evidence improves both trapping efficiency and scavenging efficiency. In
Figure 79, the scavenging curve is reported, which is used to characterize composition of

cylinder end exhaust gases in terms of residual ratio and fresh charge ratio. This output is used
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as input to CFD 1D simulations to give global information about charge composition into the

cylinder.
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Figure 76 Charging efficiency vs Delivery ratio
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Figure 79 Scavenging curve

Figure 80 reports as example the first design of scavenging ports vs the optimized version of
the ports named “EVO”. The first design starts from the reverse engineering of the Rotax
engine adjusted with a different intake system in order to separate the crankcase (the intake
pump is external); the second is the result of the optimization campaign. As visible, the volume
of the manifold wrapped around the cylinder has been increased, in order to get a smoother

path between the inlet plenum and the set of scavenge ducts.
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Figure 80 Scavenging ports configuration STD vs EVO_1

In Figure 81 the results of the CFD campaign are shown. They compare 3D models to 1D
models in terms of air mass flow into the transfer and exhaust ports. After the calibration

process provided by the iterative approach, the good agreement between the models is clear.

Delivery Trapping Scavenging | Charging Residual

ratio efficiency efficiency efficiency fraction
Kiva 0.787 0.750 0.850 0.591 0.150
GT-Power 0.791 0.739 0.846 0.585 0.154
Err [%] -0.5 15 0.5 1.0 -2.9

Table 17 CFD 3D vs 1D comparaison
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The same results, for the seek of clarity, are also reported in Table 17. The total accuracy of
the CFD 1D model is satisfactory; as far as the table maximum percentage error is concerned,

it occurs in fraction of residual gas, but the value is very low (2,9%).
The model after the assessment of the accuracy has been employed for the optimization of:

e Port timing
e Compressor transmission ratio

e Exhaust system design, including silencer
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Figure 81 Mass flow rate CFD 3D vs CFD 1D

After the optimization of these parameters, the results in terms of boundary condition of the
cylinder are used as input in the next CFD 3D calculation campaign, on the EVO geometry.
In this campaign, the main goal is to optimize injector position and strategy, in order to obtain
a good stratification of the charge. Finally, the combustion is modeled in order to evaluate

performances and to calculate Weibe function for CFD 1D simulations.
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5.4 Injection system

The goal of this activity is to find a configuration for the injection system in terms of
positioning and main injection strategy. First of all, the main constraint is to avoid fuel flowing
through the exhaust port, the maximum loss amount is set to 10%. Furthermore, the second
most important parameter is the composition of the charge in terms of fraction of evaporated
fuel. The ideal goal is to get a bulk of rich charge near the spark plug, in order to have an easy-

to-ignite charge. Obviously the trade-off is the complete fuel evaporation before SOC.

The final layout solution is reported in Figure 82. The injector main characteristics are

reported in the table below:

Number of holes 12

Hole diameter [mm)] 0.29
Cone Angle 20°
Injection pressure [bar] 3-8

Table 18 Injector main characteristics

Another constraint regards fuel injection window in terms of CAD, the fuel can only be
injected during the opening of scavenging ports, for about 60 CAD, in order to prevent fluid
film formation and wall impingement. Regarding the last consideration, the orientation of the
injectors into the scavenging ducts is fundamental. They are directed toward the cylinder head
and the middle of cylinder, as far as possible from the exhaust ports and from the liner walls.

The angle found to have better compromises is 20°, according to Figure 82.
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Figure 82 Injectors positioning
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CFD 3D simulations has been carried out starting from 90 CAD to 330 CAD ATDC. The
computational domains in terms of mesh are reported in Table 19.

Cell size [mm] Refinement Activation
method interval
Global Mesh 2 -
Wall boundaries 1 1 layer Always active
refinement
Open boundaries 1 1 layer Always active
refinement
Wall boundaries port 1 2 layer Always active
refinement
Booster-intake 0.25 16 mm radius btw 90-93
interface refinement sphere CAD ATDC
Booster-intake 0.25 16 mm radius btw 265-270
interface refinement sphere CAD ATDC
Evaporation 0.5 Gradient of btw 160-220
refinement fuel vapor CAD ATDC
mass fraction
Velocity magnitude 0.5 Gradient of btw 118-220
refinement velocity CAD ATDC
magnitude

Table 19 Main specification of the computational grid

The computational domain is composed of three regions corresponding to exhaust, intake, and
cylinder. This is mainly due to impose different gases composition at the start of simulation;
as already described in the previous section the intake region is composed by pure Oxigen,

the exhaust port is composed by Carbon dioxide and the cylinder is filled with Nitrogen. This
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method has been used in several previous research’®’t. The fuel injected is iso-octane (i-
CgHag). The boundary conditions provided by CFD 1 D results are reported in Figure 83,

injection position in Figure 82 Injectors positioning Figure 82.
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Figure 83 CFD 1D boundary conditions

The injection timing is mainly limited by the intake ports opening and directly related by the

piston.
LPSDI-49 LPSDI-34 LPSDI-26
Injected mass [mg] 27

SOl [cad] 160 175 183
DOI [cad] 323 32.3 255

Mass flow rate 15.05 15.15 19.06
Ap [bar] 5 5 8

Fuel temperature [K] 330

Table 20 Investigated injection strategy
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All points analyzed are characterized by the injection advance, and the termination of the
injection is set before transfer port closing e.g. LSPDI-49 means that the injection starts 49
CAD before the closure of scavenging ports. Table 20 reports the main parameters of the
injection strategy. The injected fuel is obviously divided by two for each injector, the total
amount is kept constant the same for temperature. The injection pressure varies in the last case
mainly because of injection duration reduction. SOI is retarded of 15 CAD from the first to
second case, and further 8 degree for the last case. The retard is manly due to the attempt to

reduce unburned hydrocarbon through the exhaust ports.

The overall results of the calculation campaign is reviewed in Table 21.

LPSDI-49 LPSDI-34 LPSDI-26
Trapped fuel mass into 21.71 20.95 23.76
cylinder [mg/cyl/cycle]
Trapped fuel mass into 2.38 3.80 2.33
intake volume [mg/cyl/cycle]
Apparent Trapping 0.80 0.78 0.88
efficiency (1 cycle)
Actual Trapping 0.87 0.88 0.94
efficiency (2 cycles)
Lambda (global) 1.12 1.11 1.04
Effective Lambda (Aeff) 1.04 1.01 0.97
RMS (Effective Lambda) 0.12 0.14 0.15
RMS/Aeff [%] 11.66 13.59 15.17
Lambda at spark plug 0.95 0.90 0.85

Table 21 CFD 3D result of injection strategies

It has to be noticed that a small amount of fuel is rejected into the intake manifold. In the
following cycle, the fuel enters again the cylinder, and a small fraction (15%) goes out. The

fuel trapping efficiency is calculated considering two consecutive cycles. Obviously, the
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higher the retard is in terms of SOI, the higher fuel trapping efficiency is set. At 8 bars, the
best result reached is 94%. In order to evaluate the quality of mixture at the combustion onset,
it is necessary to valuate a lambda weighed on the basis of the volume of each region of the

combustion chamber occupied by a homogeneous mixture. The Aeff is defined as follow:

YNy
Nerr =50 -

i=1 Y1l
(5.1)
Where:

e A,V are the value of the relative air to fuel ratio of each cell.

e N is the total amount of cells @ -30°

The RMS A, is also calculated throughout the combustion chamber, in in order to assess
the non-homogeneity of the charge. The ratio of RMS to A, should result between 10 or

20%. on the one hand, lower values implicate a weak stratification; on the other hand, higher

values may result in a poor combustion efficiency, due to the formation of unburned

HC in the ultra-lean region In Figure 84 the mixture formation in terms of lambda values in
orthogonal planes in the combustion chamber is reported. The exhaust port is located at the
bottom right of the images. At 327 CAD there is a rich zone near the spark plug according to

stratification target of the optimization.
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Figure 84 Mixture formation
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5.5 CFD results

The design goal is to match performance target for light aircraft application (110 kW @ 6000
rpm). The main constraint regard air intake maximum temperature 70 C° and maximum in
cylinder residual ratio 20%, in addition to the fuel trapping ratio of 90% reached with the
injection optimization. This main goal is achieved by the intake ports optimization and the
exhaust optimization. The exhaust system can provide pressure oscillation caused by pressure
waves propagating into the exhaust pipes. The key is to time plugging “wave” i.e. the
compression wave that arrives at exhaust ports just before closing. In this engine, featuring a
log exhaust manifold, it is generated by the blowdown occurring in the cylinder firing 120
CAD after the current one. The plugging wave can improve trapping efficiency and it also
helps to have better mixing of the charge and exhaust gases, avoiding the formation of higher

temperature zones.

The whole process is showed in the next page in Figure 85. The O2 mass fraction is displayed
in order to get information of the mixing process. The formation of a loop in the fresh charge
flow can clearly be observed, especially @ 248 CAD. Furthermore, the pressure waves are
clearly present in the first time of the scavenging from the cylinder to the intake and one at
the end of the scavenging process, just before exhaust ports closing from the exhaust to the
cylinder. The last waves may drastically increase turbulence into cylinder and also rise the
trapping and charging efficiency. As already described above, the plugging wave is the result
of a correct design of the exhaust system. In this case, the particular conformation allows to
develop a concept called Cross Scavenging, where the pressure wave coming from one
cylinder to the exhaust system is used as plugging for the second cylinder. This particular
technique allows a more compact design of the exhaust system, particularly interesting in the

light aero motive field.
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Figure 85 Scavenging process in function of CAD of “EVO” geometry @6000 rpm
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In Figure 86 air mass flow through cylinder at maximum power rate is shown. As already
qualitative seen in Figure 85, back flow coming from the cross scavenging from the exhaust
system is clearly visible @ 240 CAD. The inlet flow starts @ 130 CAD ATDC when almost
50% of burned gases have already left the cylinder. This evidence is important for pumping

losses.
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Figure 86 Air mass flow through inlet and exhaust ports

Friction losses have been modeled with Chen-Flynn model in Gt-power, using parameters

derived from previous experience waiting for the first working prototype.

In Figure 87 the calculated scavenging parameters are reported. An increase of delivery ratio
can be observed when engine speed increases; Consequently, charging efficiency increases,
and also trapped mass. However, trapping efficiency is near 50% with the higher value at 6000
rpm (63%), where the plugging wave is tuned with engine speed. Conversely, the fraction of

fresh charge is always near 90%.
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Figure 87 Scavenging parameters in function of engine speed @ WOT

Figure 88 reports the mean effective pressures in terms of BMEP IMEP and P+FMEP
(pumping and friction losses). In this case, the PMEP is the work needed to run the external
scavenging pump. The maximum peak in terms of BMEP is near to 9 bars and IMPEP is near
to 10. These two values are slightly lower compared to a four-stroke engine with the same

performances. This evidence is a good result for engine reliability.

In Figure 89 the BTE and indicated thermal efficiency (ITE) in WOT condition are reported.
The mean value of BTE is near 32% and it is quite independent from engine speed. This high
global efficiency can be explained analyzing Figure 90: mechanical+pumping efficiency is
calculated as the ratio between BMEP and IME, adiabatic efficiency is the ratio of the
effective heat available for the thermodynamic cycle to the heat released by combustion.
Combustion efficiency is the ratio of the heat released by combustion to the energy associated
to the mass of injected fuel. At medium engine speeds, both efficiencies are quite high, which
is due to low friction and pumping losses. On the other hand, the thermodynamic efficiency
decreases at high speeds, which is manly due to the early opening of the exhaust ports, when

combustion process is still ongoing.
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Figure 88 BMEP IMEP and F+P MEP comparison
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Figure 90 Mechanical+Pumping, Adiabatic+combustion efficiency @ WOT
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Figure 91 Compressor map with operation points @WOT
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In Figure 91 the compressor efficiency map is reported, along with the operation point after
the mechanical ratio optimization. The result is a mix of many compromises: first of all, a
compressor with a smaller swallowing capacity could provide higher efficiencies.
Nevertheless, a small compressor must revs at higher speeds, requiring different transmission
ratio, this evidence decreases mechanical efficiency. The efficiency at high engine speeds is
near to 50% according to the optimization made.
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Figure 92 Brake torque and Power @WOT vs engine speed

The figure above shows torque and power at WOT condition in function of engine speed. It
should be considered that the engine always runs at high speeds, even higher than 4000 rpm,
because it is coupled with an EM for this specific application.
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Figure 93 BSFC and Maximum in cylinder pressure peak vs engine speed

In Figure 93, BSFC is reported ; at high speeds BSFC remains at low levels, not near to values
obtainable by a diesel engine but near to standard four-stroke spark-ignited engine. It is also
interesting to look at the maximum in-cylinder pressure, the values are slightly low in
comparison to a four-stroke spark ignited engine, this evidence is mainly due to the split of
energy into 2 cycles instead of one for the four-stroke engine. Furthermore, the lower is the

BMEP, the lower is the maximum peak of pressure expected.
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5.6Conclusions

The presented work reviews the design of a novel two-stroke spark-ignited light aircraft 3
cylinder loop scavenged engine. The required power output is 110 kW @ 6000 rpm. The total
displacement of the engine is 1243 cm?, it features a mechanical compressor for air supply
and a semi-direct injection system for the fuel mixing optimized with a specific commercial

software. The results obtained by the activity are summarized below:

e The maximum peak in terms of in cylinder pressure are quite low (< 60 bar)

e Thermal load is quite low because BMEP are lower than 9 bar

e BTE is quite good in comparison with four stroke spark-ignited engine, about 32%
and quite independent from engine speed

e A further improvement of efficiency is possible because max pressure is low

e BSFC is less than 260 g/kWh at high speeds

e Scavenging efficiency is high >90%

e Low mechanical and heat losses

e Dimension of the whole engine are quite small, thanks to exhaust system

The scavenging system developed by the CFD 3D calculation campaign is optimized to reach
targets in terms of trapping efficiency and scavenging efficiency, the results obtained by

simulations are used as input to develop the CFD 1D model.

The injection system optimized is made of two injectors installed symmetrically to the
cylinder liner. The two injectors are multi holes (6 holes for each one), angle and positioning

in the intake ports ducts are optimized by the adoption of CFD 3D calculations.
At the best configuration at WOT and 6000 rpm the following results are found:

e Fuel trapping efficiency is about 94%
e Mean effective lambda 30° BTDC: 0.97, in front of a global value of Lambda of 1.04
o Relative lambda under the spark plug: 0.85

In conclusion, the presented engine can match all requirements for light aircraft applications.
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6 Conclusions

The main goal of this research activity is to investigate new technologies that, applied to

internal combustion engines, can reduce the environmental impact of these machines.

The attention is focused on non-conventional combustion processes, with particular interest
in dual-fuel RCCI concepts. Furthermore, a novel two-stroke engine for light aircraft has been
developed; this activity is linked to a European project aimed to analyze the feasibility and

the performance of hybrid power units for light aircraft.

In chapter three, the results of an experimental campaign carried out on a turbocharged 4
cylinder Euro IV common rail diesel engine are reported. The engine has been modified in
order to operate in dual fuel mode as a Gen-Set, and replace the conventional heavy duty
diesel engines. The combustion system has been experimentally optimized, and the results
provide general guidelines for the development of these specific engines. The combustion
system implementation is relatively easy and cheap and consists of a few modifications,
concerning the intake system and the injection system. The small displacement leads to more
compact dimensions and lower weight, in comparison to conventional gen-sets; in order to
keep comparable or lower BMEPSs, the rotational speed is doubled (3000 rpm, instead of 1500
rpm). Reliability should not be affected; moreover, automotive engines are cheaper in
comparison to heavy duty engines. In comparison to the original diesel engine, brake thermal

efficiency slightly increases (+3.9%), after the optimization of the injection parameters.

In terms of pollutant emissions, the direct consequence of the increase of BTE is the decrease
of carbon dioxide emissions. Furthermore, the adoption of a fuel with a lower fraction of
carbon further reduces this specific emission. In the best case, the percentage reduction is

close to 44%. Also soot emissions are considerably lower.

Conversely, as for HC and CO, an increase has been observed. The calibration process can
reduce the engine-out emissions concentration; however, these pollutants can be easily
managed by an oxidation catalyst that can work with a very high efficiency, thanks to the air

excess in the exhaust flow.
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NOx emissions do not have a clear trend: without specific calibration they usually decrease,
but, when the engine injection system is calibrated in order to maximize BTE and reduce CO
and HC emissions, they increase. However, in both cases, the specific amount remains

comparable to normal diesel operation.

While the advantages are evident at high loads with high substitution rates, at low loads it is
not recommended to run in dual-fuel mode, because the mixture is too lean and the combustion
propagation in the premixed charge is very slow. On the other hand, low loads are of little
interest for a gen-set. Should be necessary to run in these conditions, the engine can return in
diesel mode, where combustion is very efficient and clean.

The second part of the activity regards a numerical analysis of the Dual Fuel combustion
carried on by means of a CFD 3D model of the combustion chamber of the engine built with
the adoption of a custom version of KIVA-3V code. First of all, the numerical model has been
validated thought comparison with experimental data, then it has been used to investigate the
influence of the injection strategy in dual fuel mode in terms of injection pressure, duration,
timing and numbers of pulses for cycle. Some guidelines derive from the results obtained from
the calculation campaign. For example, turning off the pre and pilot injection does not affect
significantly the rate of heat release, IMEP NOx and CO2 emissions do not change very much,
while CO, HC and soot increase. Furthermore, delaying advance injection has a high impact
on IMEP. Advance injection also affects the in-cylinder temperature; thus NOx emissions can

increase when the injection advance increases.

In chapter four the same dual fuel engine has been investigated but with the adoption of
gasoline instead of natural gas as low reactivity fuel. Several operation points have been
investigated in order to assess some guidelines for the development of this combustion
process. The conversion of the engine consists in the installation of a pipe designed for the
injection of gasoline just after the intercooler system in order to avoid problems in gasoline
evaporation and to ensure homogeneous mixture formation. Different operating point have
been investigated, and, for each point a specific calibration of the injection system has been
done to optimize the combustion process. One of the most interesting result regards the BTE

that, as expected, show an increase in comparison to diesel oil (2% higher). When gasoline
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flow rate is high the adoption of EGR in order to control the reactivity of the premixed charge
IS mandatory, because auto-ignition of the charge can occur and the maximum peak of

pressure increases. The use of EGR can improve engine noise and decrease reliability.

At high loads, combustion becomes difficult to control, especially for auto-ignition; the heat
release ratio starts before the main diesel injection. In this case, every modification made in
the injection system cannot be useful to avoid this phenomenon. This result was expected
because of the higher reactivity of the fuel. In comparison to Natural gas dual-fuel engine, the
higher reactivity of the gasoline leads to auto ignite the charge considering the high
compression ratio of the original diesel engine. In this scenario, natural gas, with its higher
octane number, seems to be more flexible in the dual fuel operation mode, especially at high
loads where the heat release is not too high avoiding peak of pressure and engine noise.
Furthermore, maximum values in terms of BTE are observed with the adoption on NG instead

of gasoline.

The last activity is focused on the development of a light aircraft two-stroke spark ignited
hybrid engine. This project is focused on the application of hybrid powertrain in light aircrafts,
two-stroke engine can be suitable for this application because of weight, dimensions and total
displacement. Two-stroke engines are not novel in aircraft field, but in this case the design
involves some new concepts, because the engine will be part of a hybrid power-unit. The
activity includes the design of the scavenging ports and both 3D and 1D simulations are used
to support the design process. The most interesting results of the CFD 1D simulation campaign
in WOT condition at 6000 rpm are: the low maximum BMEP needed to reach power target
(setat 110 kW), mainly due to two-stroke cycle, high relative value of BTE 32% with a BSFC
less than 260 g/kWh, due to low friction losses and high pumping efficiency. This latter result
has been obtained from the optimization of mechanical turbocharger. Furthermore, a timing

optimization of the scavenging ports has been performed.

Calculation campaigns carried out in terms of CFD 3D simulations are, first of all, used for
the optimization of the scavenging system improving design of inlet ports and exhaust ports.
The main objective of this optimization was to limit fresh charge to flow into the exhaust

system and to avoid bad mixing of the fresh charge with in-burnt gases. The calculation
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campaign starts from a first design of the scavenging port to the final optimized version. The
results obtained by the simulation campaign are used as input for CFD 1D model, and vice

Vversa.

The injection system has been studied from an architectural point of view optimizing, by the
adoption of the CFD 3D model, positioning, timing and pressure of the two injectors placed
into the intake ports. The LPSDI (low-pressure semi direct injection) is the best configuration
complying with required constraints; in particular, this system minimizes fuel flows through
exhaust ports, reduces fuel consumption and avoids catalyst damage in case it is installed.
Furthermore, the semi direct injection system permits the formation, if proper calibration is
made, of a stratified charge inside the cylinder near the spark plug. The trapping efficiency
reached is about 94%, and the relative lambda near the spark plug of 0.85 with a global mean
value of 1.04.

This work aims at creating some guidelines for the analyzed combustion processes and in two-
stroke engine development. As far as the combustion process is concerned, the analysis of the
influence of EGR is mandatory in order to further improve performances in terms of BTE and
pollutant emissions. Furthermore, implementation of specific control strategies is needed in
order to assess stability at fixed loads but especially in transient conditions, which is

particularly interesting for automotive applications.

Regarding the two-stroke engine developed, the next step will be the calibration of the first

prototype at the test bench in order to validate and improve predictability of models.

Then the potential of a passive pre-chamber will be investigated by means of CFD 3D and 1D
calculations. Moreover, an implementation of the prototypal prechamber into the engine for
numerical validation and experimental development will be done. The jet ignition is
particularly interesting in two-stroke engine for the flexibility in the design of combustion
chamber and also for the low BMEP typically present in two stroke engines; jet ignition can
lead to burn lean charge faster than a conventional spark plug, avoiding knock (frequently
present in high performance two-stroke engine, due to warm EGR), improving engine

performance and decreasing fuel consumption.
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Moreover, also the Dual Fuel combustion can be implemented in this engine with some
modifications: the design of a new combustion chamber with the adoption of a direct diesel
injector. Dual fuel combustion can be attractive for two stroke because of the complete
freedom in the combustion chamber design and the low value of BMEP that as already
observed in this work, can lead to higher rate of low reactivity fuel instead of high reactivity

fuel; being able to reach the best possible benefits of Dual fuel combustion.
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